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Abstract 
This thesis presents the design method and development of a high performance Low 
Pressure Turbine (LPT) for turbocompounding applications to be used in a 1.0L "cost-effective, 
ultra-efficient heavily downsized gasoline engine for a small and large segment passenger car". 
Under this assumption, the LPT was designed to recover the latent energy of discharged exhaust 
gases at low pressure ratios (1.05 - 1.3) and to drive a small electric generator with a maximum 
power output of 1.0 kW. The design speed was fixed at 50,000 rpm with a pressure ratio, PR of 
1.1. Commercially available turbines are not suitable for this purpose due to the very low 
efficiencies experienced when operating in these pressure ratio ranges. 
A bespoke mean-line model was developed to evaluate the turbine performance and to 
generate a preliminary LPT design. Prior to the design work, the mean-line model was validated 
against an existing turbine. A good agreement between the predicted turbine performance and 
the test result was found and a minimum Relative Standard Deviation value of 1.62% was 
achieved. By fixing all the LPT requirements, the turbine loss model was combined with the 
geometrical model to calculate preliminary LPT geometry. The LPT features a mixed-flow 
turbine with a cone angle of 40˚ and 9 blades, with an inlet blade angle at radius mean square of 
+20˚. The exit-to-inlet area ratio value is approximately 0.372 which is outside of the 
conventional range indicating the novelty of the approach.   
A single passage Computational Fluid Dynamics (CFD) model was applied to optimize 
the preliminary LPT design by changing the inlet absolute angle. The investigation found the 
optimal inlet absolute angle was 77˚ and this was used to design the volute. Turbine off-design 
performance was then predicted from the mean-line model, single passage CFD and full turbine 
CFD model. The full turbine CFD and a refined single passage CFD were modelled to analyze the 
turbine flow field in the volute and rotor passage. 
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A rapid prototype of the LPT was manufactured and tested in Imperial College 
turbocharger testing facility under steady-state and pulsating flow. The steady-state testing was 
conducted over speed parameter ranges from 1206 rpm/K0.5 to 1809 rpm/K0.5. The test results 
showed a typical flow capacity trend as a conventional radial turbine but the LPT had higher 
total-to-static efficiency, t-s in the lower pressure ratio regions. A maximum total-to-static 
efficiency, t-s of 0.758 at pressure ratio, PR≈1.103 was found, no available turbines exist in this 
range as parameters. A validation of the predicted off-design performance against the LPT test 
result found a minimum total-to-static efficiency Standard Deviation of ±0.019 points for mean-
line model at 1206 rpm/K0.5 and the full turbine CFD model showed a minimum Mass Flow 
Parameter Standard Deviation of ±0.09 kg/s.K0.5/bar also at 1206 rpm/K0.5.           
The pulsating flow testing was carried out at LPT power of 1.0 kW for a pulsating 
frequency range of 20 Hz to 80 Hz over the turbine speed parameter range between 1206 
rpm/K0.5 and 1809 rpm/K0.5. A hysteresis turbine performance encapsulated the steady state 
turbine map due to a ‘filling and emptying’ was shown for all frequencies. The pulse pressure 
amplitude and the chopper plate pulse frequency are found to have influenced the measured 
unsteadiness characterization. Strouhal number, St.* and  lambda criterion which commonly 
used in quasi-steady analysis were used to quantified the unsteadiness level.    
The LPT was implemented into a validated 1-D engine model to investigate the impact 
on the Brake Specific Fuel Consumption and Brake Mean Effective Pressure. The validated 1-D 
engine model was run at full load at three LPT locations: waste-gated, pre-catalyst and post 
catalyst. The study found the optimum location was at post catalyst and a maximum BSFC 
reduction of 2.6% can be achieved. The part-load 1-D engine model found that an installation of 
the turbocompounding unit increased the Pumping Mean Effective Pressure hence; it increased 
the Brake Specific Fuel Consumption up to 0.72%. However, as soon as the LPT power was 
reused into the engine, a maximum reduction of BSFC approximately 2.6 % can be achieved. 
Engine testing to analyze the effect of the LPT was carried out at Ricardo UK ltd, 
Shoreham Technical Centre. The LPT was installed at exhaust post catalyst of a heavily 
downsized 1.0L gasoline engine.  A commercial compressor Garret GT28RS was attached to load 
the LPT. The results showed a maximum Brake Specific Fuel Consumption reduction of 2.6 % 
was achieved at an engine speed of 2500 rpm during the part load condition. Finally, the engine 
model results were compared against the engine testing. A comparison between the engine 
testing and 1-D engine model showed a good agreement at part load condition with a minimum 
Brake Specific Fuel Consumption Standard Deviation of 0.0238 at engine speed of 3000 rpm.    
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Nomenclature 
A Area, Power law coefficient [ m2] 
AFR Air-Fuel-Ratio  
B Blockage Factor, Power law coefficient  
BMEP Brake Mean Effective Pressure [bar] 
BSFC Brake Specific Fuel Consumption [kg/kW/hr] 
C Absolute flow velocity [ m/s ] 
CFD Computational Fluid Dynamics  
CTA Constant Temperature Anemometer  
cp Specific heat at constant pressure [ kJ/kg.K] 
D Diameter [mm] 
DAQ Data Acquisition   
DoE Design of Experiment  
E Voltage [volts] 
ECU Engine Control Unit  
f Frequency  
FFT Fast Fourier Transform  
FIR Finite Impulse Response  
i Incidence Angle [ ° ] 
HPC High Performance Computing  
h Specific Enthalpy, heat transfer coefficient [ kJ/kg ] 
ICE Internal Combustion Engine  
k Loss coefficient, heat conductivity  
k Specific Heat Ratio  
L Loss, Length [ kJ/kg ] 
l Length [mm] 
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   Mass Flow Rate [ kg/s ] 
M Mach Number  
MFP Mass Flow Parameter  
  
 
    
  
  
N Turbine Speed [ rpm ] 
n 
Number of engine cylinders, Power law coefficient, engine 
speed 
 
NPC  Number of Pulse Cycle  
NDP Number of Data Point  
Nu Nusselt number  
ORC Organic Rankine Cycle  
P Pressure [ Pa ] 
PMEP Pumping Mean Effective Pressure [bar] 
PR Pressure Ratio  
R Gas constant [ kJ/kg.K] 
RANS Reynolds Average Navier-Stokes  
Re Reynolds number  
RMSD Root Means Square Deviation  
RSD Relative Standard Deviation  
RSS Root Sum Square  
r Radius [ mm ] 
S Swirl coefficient  
s Entropy [ kJ/kg.K] 
SW Power ratio  
SIT Self Ignition Temperature [ K ] 
St* Strouhal number  
T Temperature [ K ] 
t Time [ s ] 
TDM Task Data Management  
U Rotor velocity [ m/s ] 
V Volume  
v Hub-to-tip radius ratio  
VR Velocity ratio  
VTES Variable Torque Enhancement System  
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W Relative flow velocity [ m/s ] 
   Power [ kW ] 
WOT Wide Open Throttle  
Z Blade number  
 Absolute flow angle, Angular Acceleration [ ° , rad/s2] 
 Relative flow angle [ ° ] 
 Finite change  
 Trailing edge angle [ ° ] 
 Clearance [mm] 
 Phase angle [ ° ] 
 Cone angle [ ° ] 
 Efficiency  
 Lambda criterion   
 Camber angle  [ ° ] 
 Slip factor  
 Dynamic viscosity [ kg/m.s] 
 Pressure amplitude ratio  
 Density [ kg/m3 ] 
ς entropy gain function,    
   
   
 Standard deviation   
 Torque [N.m] 
 Blade lean angle  
 Angular velocity  
 Volute azimuth angle [ ° ] 
 Blade loading  
ξ Volute over-hang angle [ ° ] 
Subscript 
0 Total/Stagnation   
1 Volute inlet  
2 Stator inlet  
3 Rotor inlet  
4 Rotor exit  
 Tangential component  
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a Air  
Act Actual   
Avg Average  
b Blade  
Cl Clearance  
Conv convective  
d Displacement  
df Disk friction  
eq Equivalent  
f Fluid  
h Hub  
i Incidence  
inst Instantaneous  
is Isentropic  
m Meridional component  
n Point number  
opt Optimum  
P Passage  
R Rotor, Recirculation  
r Radial  
ref Reference  
rms Root mean square  
s Static, Shroud  
t-s total-to-static  
W Wall  
w Hot-wire  
wg Waste-gate  
Superscript 
‘ Relative Condition  
  Fluctuating  
  Mean  
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Chapter 1:  Literature Review and Motivation 
Most heat engines convert only approximately 20% to 50% of the supplied energy into 
mechanical work whereas the remaining energy is lost. Although some of the energy lost is 
intrinsic to the nature of an engine and cannot be fully overcome (such as energy lost due to 
friction of moving parts), a large amount of energy can potentially be recovered.  This thesis will 
focus on a waste exhaust energy recovery device for a highly boosted Internal Combustion 
Engine (ICE). Besides being important to improve engine performance, the recovery of energy 
from the exhaust is likely to be needed to meet future emission legislation.   
The automotive industry is aggressively looking into new methods to reduce CO2 
emissions. The current trend is that of using the highly boosted downsized engines including a 
turbocharger and/or a supercharger. This has a significant impact in improving engine 
performance with an improvement in Brake Mean Effective Pressure (BMEP) and a reduction in 
Brake Specific Fuel Consumption (BSFC). The turbocharger/supercharger boosting system for 
the heavily downsized ICE has a double stage compression option that may include an 
electrically driven compressor (electric supercharger). The electrically driven compressor is 
known as an electric booster and it is usually powered by an additional battery element. Due to 
the presence of the electric booster, it would be advantageous to have an electric generator to 
meet its higher electrical power demand. For this purpose, a small turbine positioned 
downstream of the main turbocharger could be used to run this generator. Such an arrangement 
is known as electric turbocompounding.  
As part of a TSB1 project called HyBoost, the current study focuses on the design and the 
development of a Low Pressure Turbine (LPT) for turbocompounding applications. The 
operational constraints for electric turbocompounding systems are mainly due to the electric 
                                                             
1
 The Technology Strategy Board is an executive non-departmental public body (NDPB), established by the Government in 
2007 and sponsored by the Department for Business, Innovation and Skills (BIS). 
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machine which needs to run at an optimum speed over the entire engine driving cycle in order 
to work efficiently. In the heavily downsized engine such a requirement is particularly difficult 
to be achieved since at low engine rpm (below 2000 rpm), the low pressure ratio, PR available 
(1.05-1.3) constrains the turbine to operate in a region where conventional turbines perform at 
less than 40% efficiency. This highlights the limitation of conventional turbines. This thesis 
shows the design and development of a LPT for turbocompounding applications and its impact 
on the overall engine performance. Initially, a nondimensional model and Computational Fluid 
Dynamics (CFD) analysis were used to acquire the steady state turbine characteristics. Then, the 
LPT was tested at the Imperial College London Turbocharger Testing Facility for the steady 
state and unsteady cold flow characteristics. Additionally, on-engine exhaust gas testing was 
conducted at Ricardo UK ltd, Shoreham Technical Centre, to evaluate the turbocompounding 
unit impact on an engine steady state performance. 
1.1 Introduction to Energy Recovery 
The world consumed approximately 522.3 x 1015 Btu of energy in 2007. The cumulative 
global energy consumption from 2007 to 2035 is expected to be increased by 1.4% per year and 
subsequently in 2035 the total energy consumed will be approximately 739 quadrillion Btu [1]. 
Despite the higher demand for energy, the amount of liquid fuel energy resources are declining 
and the oil fuel reserve is in critical condition. By 2035, the price of oil is expected to climb to 
$210 per barrel. Thus, the impact of high fuel price is significant in heat engine energy 
conversion. Essentially, the energy conversion technique must be improved for long term 
energy sustainability [2].   
Almost 50% of the world’s liquid fuel is used for transportation [1] and this is projected 
to increase in the coming years. Despite the high demand for liquid fuel in transportation, the 
well-to-wheel energy efficiency is only approximately 14% [3]. Most of the total energy in raw 
crude oil is wasted via various losses. Despite the improvement in the heat engine efficiency, 
more than 50% of the available energy is wasted in various forms during the engine operation. 
Energy recovery is not a new idea. However, there is great scope for technologies to 
recover wasted energy that takes the form of heat discharge from exhaust or cooling water, 
unburned fuel and thermal transfer. There are many waste heat recovery systems which were 
designed and used on large scale power generators. For example, some industries that use 
process heat and consume a large amount of electrical power exploit a cogeneration plant in 
their Rankine or Brayton engine cycle. Another method of optimising energy recovery in 
industrial power generator is by topping the Brayton engine cycle on Rankine engine cycle. In 
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this combined cycle, the latent energy from the gas turbine exhaust is recovered by transferring 
to the steam energy in a waste heat exchanger (WHE) that has replaced the boiler.   
 
1.1.1 Exhaust Waste Energy 
Cumulative greenhouse gas (GHG) emissions between now and 2050 will strongly 
impact the extent of climate change by the end of this century. According to 2007estimates, the 
global transport sector alone accounts for around 23% of all energy related CO2 emissions and 
this percentage is likely to increase as other sectors are decarbonised[4]. The pace for carbon 
dioxide reduction is set by legislation or binding agreements that has coming into force in the 
most industrialized countries. Figure 1-1 shows a comparison between historical fleet 
performance and the stringency of forthcoming regulations for global light duty vehicles upto 
2025. Although most countries set their future targets for CO2 reduction to an average rate of 3-
4% a year, future legislation in the major markets (like EU and US) demands that this pace of 
change must be doubled.  
 
 
Figure 1-1: Historical fleetCO2 emissions performance and current or proposed standards [5] 
 
US 2025:107 
EU 2020: 95 
Japan 2020: 105 
China 2020: 117 
90 
110 
130 
150 
170 
190 
210 
230 
250 
270 
2000 2005 2010 2015 2020 2025 
G
ra
m
s 
C
O
2 
p
e
r 
ki
lo
m
e
te
r,
 n
o
rm
al
iz
e
d
 t
o
 N
ED
C
 US-LDV 
California-LDV 
Canada-LDV 
EU 
Japan 
China 
S. Korea 
Australia 
 -Solid dots and lines: historical performance 
 -Solid dots and dashed lines: enacted targets  
 -Solid dots and dotted lines: proposed targets 
 -Hollow dots and dotted lines: unannounced             
proposal 
[1] China's target reflects gasoline fleet scenario. If including other fuel types, the target will be lower  
[2] US and Canada light-duty vehicles include light-commercial vehicles 
27 
 
Four main challenges need to be tackled in order to decarbonise ICE emissions. These 
are listed as follows: (i) enforce strict emissions legislation and control, (ii) use sustainable 
fuels, (iii) reduce fuel consumption and (iv) use enhanced energy saving concepts [2]. 
Consequently more and more legislators have started to apply more stringent emission 
regulations by introducing vehicle taxation schemes and green zone areas in order to limit 
carbon emission levels in urban areas. Despite providing an immediate benefit in terms of air 
quality, such restrictive solutions need to be supported by a long-term plan to improve 
powertrain systems and therefore reduce carbon emission. It is within this context that 
automotive manufacturers are currently looking into novel technologies capable to provide 
reliable and cost-effective solutions to maximize energy recovery and hence mitigate carbon 
emissions. Hybrid and full electric vehicles represent a potential future in the transportation 
sector, however a full switch over is still long to come and this is one of the main reasons 
pushing automotive manufacturers to invest more and more resources into exhaust energy 
recovery systems. A large amount of a vehicle’s unused energy leaves via the exhaust gas is 
always available during the drive cycle. Therefore, recovering energy from the exhaust gas 
reduces fuel consumption thus enabling the engine to run at a higher efficiency. In addition, the 
recovered energy could be stored in a a range of energy storage media such as an ultracapacitor, 
battery, mechanical flywheel or as chemical storage (for fuel cell) that can be used on demand.  
 
In order to understand the level of exhaust energy recovery which can be achieved by 
means of turbocompounding, it is useful to consider the ideal Otto Pressure-Volume cycle for a 
boosted four-stroke engine as shown in Figure 1-2. The net indicated work is the summation of 
the gross indicated work (area 2-3-4-5-2) and the net pumping work (area 2-6-7-1-2). The net 
pumping work is the exchange of exhaust gas work (area 6-7-8-9-6) and the induction work 
(area 1-2-9-8-1). In the boosted ICE, due to higher intake pressure than ambient, the net 
pumping work is positive and it increases the indicated power. Also, higher intake pressure 
reduces the overlapping of the inlet fresh air and the expelling of the exhaust gas and minimises 
the residuals in the cylinder [6]. When the exhaust valve opens (point 5 in Figure 2), the 
maximum available exhaust energy can be represented by two areas:  the exhaust gas energy 
(area 6-7-8-9) and the blow-down energy (area 5-10-9-5). The high exhaust pressure expands 
in the main turbine (5-11). Therefore, the remaining exhaust gas pressure which could be 
expanded in the second turbine goes from point 11 to 10. Hence; the available energy for the 
secondary turbine can be represented in the bigger area (11-10-8-12-11).  
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1.1.2 Downsizing of Internal Combustion Engines 
Engine downsizing is the process of shifting the engine load operating point to a more 
efficient region via a smaller engine but uphold its full load performance by charging air inlet 
pressure. This standard practice has a significant impact on improving engine performance with 
a higher BMEP, reduced BSFC and finally lower carbon emissions. The smaller engine has lower 
friction losses. The small engine requires a higher boosting to maintain the same engine torque. 
In many cases, the highly boosted downsized engine uses two compressors to achieve higher 
charging pressure so that the maximum engine torque is shifted to the lower speed region.  
In order to do not be penalize performance, downsized engines typically include a 
turbocharger which can also be complemented with a second stage (a low pressure compressor 
which provides the required boost pressure at low engine speed) [7]. The low pressure 
compressor can either (1) be mechanically driven by engine’s shaft (mechanical supercharger), 
(2) or electrically (electric supercharger) or (3) driven by a second turbine stage [8]. 
As a result of engine downsizing, the BSFC can be improved by 10 to 30%. In fact, it was 
estimated that by downsizing the engine weight can be reduced as much as 20% [9]. 
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Subsequently, the brake power is increased and the mechanical efficiency of the engine is 
improved [10]. In addition to this, the highly boosted charged air into the ICE increases the 
amount of excess air in the fuel-air-mixture and improves the volumetric efficiency. This brings 
the ICE to the best fuel economy [9].  
1.1.3 Turbocharging and Supercharging 
Turbocharging is an effective solution for energy recovery in ICE. Over the past 50 years 
there has been an increase of turbocharged engines which has been driven by strict emission 
standards. This trend is further enhanced by the current development of highly boosted 
downsized engines, which have larger power densities, reduced carbon emissions and lower 
specific fuel consumption. Consequently, the automotive industry requires a comprehensive 
turbocharger design to realize all the demands while maintaining similar levels of component 
efficiency.  
A turbocharger system increases air density into the cylinders for a better combustion 
process. As a result, the engine produces a higher useable power and torque than Naturally 
Aspirated (NA) engine. A typical turbocharger system consists of a centrifugal compressor and a 
turbine coupled by a common shaft as illustrated in Figure 1.3. The turbocharger turbine 
extracts energy from the engine exhaust to power the compressor. Consequently, the 
compressor raises the air density so that more mass flow is delivered to the engine cylinders. 
With a greater mass flow in the cylinders, more fuel can be burned at the Stoichiometric Air-to-
Fuel ratio and consequently, the ICE produces a better engine efficiency.  
 
Figure 1-3: Working Principle of Turbocharger System 
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Generally, the overlapping of the intake and exhaust valve creates exhaust gas residual. In 
the NA engine, the exhaust pressure is higher than the intake pressure. Subsequently, the 
exhaust residual is superimposed in the combustion area and reduces the engine efficiency. By 
boosting the inlet engine pressure, the exhaust gas residual is expelled into the exhaust pipe. 
The merit of increasing the engine intake pressure is further demonstrated in Figure 1-4 where 
the comparison of the ideal NA engine and the boosted engine is shown. In the NA engine, the 
intake air is assumed to be at ambient pressure. Figure 1-4 shows that the work is negative 
during the exhaust stroke (area 6-7-1-2-6). Thus, the engine indicated power, which is the 
summation of the area 2-3-4-5-2 and 6-7-1-2-6, for the NA engine is less than the boosted 
engine since the exhaust pressure is higher than the intake pressure. On the other hand, the 
indicated power for the boosted engine is higher than the NA engine because the boosting 
system increases the intake pressure to higher level than the exhaust pressure.  
After having described the benefits of the turbocharged engines against NA engines, it is 
worth looking into turbocharger technology in more detail. The turbine power increases with 
mass flow and expansion ratio, and the boost pressure curve rises with the engine speed [11] . 
The automotive turbo-engines may have insufficient boost at low speed and be over boosted at 
high speed. A fixed-geometry turbocharger typically uses a waste-gate to bypass excess exhaust 
gas so that the back-pressure is reduced. The application of a waste-gate for regulating the 
maximum boost pressure in a turbocharger system is the simplest and most reliable method to 
protect the engine and the turbocharger compressor. An actuator rod is used to control the 
opening and closing of the waste-gate valve. A small hose is connected from the turbocharger 
compressor outlet in the waste-gate actuator. The waste-gate will open further as the boost 
pressure pushes against the force of the spring in the waste-gate actuator until equilibrium is 
obtained. Apart from the internal waste-gate, an external waste-gate is included separate from 
the turbine housing. Since the external waste-gate is built up separately from the turbocharger 
turbine, a large amount of exhaust flow can be by-passed. Subsequently, it optimises the engine 
exhaust back pressure. 
Another method to control the boost power is the use of variable geometry turbine (VGT) 
[12- 15]. The turbine output power is varied due to the active control of the inlet area to the 
rotor [12].  This technique is more effective as when compared to the waste-gate; however, a 
complex active control is required. It thus seems worthwhile to have a turbocharger system 
with waste-gate which is more cost effective. Energy loss due to exhaust gas diversion can be 
improved by investigating turbocharger performance characteristics under steady and 
unsteady flow. Moreover, the lost energy can be extracted to power other devices such as an 
electrical system or electric supercharges. 
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Currently there are large numbers of petrol engines that are equipped with turbochargers 
or superchargers. The application of advance engine fuelling techniques such as direct injection 
has made the boosting of petrol engines possible. Petrol engines use spark-ignition where the 
fuel and air are pre-mixed before the air enters the cylinders. Before 1990’s  boosting the spark-
ignition engine were very difficult because of the in-cylinder temperature is high and self 
ignition might occur. As a result, the combustion will be rapid and the engine will be knock. 
Rapid combustion knocking produces high pressure rise in the combustion chamber and 
damages the engine cylinder. In the direct fuel injection technology, the fuel is injected directly 
into the engine using precise computer control fuel management. The fuel metering and 
injection timing are more accurate, consequently self ignition temperature (SIT) can be avoided. 
Thus, with this advancement it is now possible to supercharged or turbocharged the direct 
injection engine.       
Figure 1-4: Comparison between naturally aspirated engine and Boosted ideal engine cycle 
P 
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1-2 : Intake stroke 
2-3: Compression stroke 
3-4: Combustion 
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6-7: Exhaust Stroke 
 
 
1’-2’ : Intake Stroke with charged air 
2-3: Compression stroke 
3-4: Combustion 
4-5: Power Stroke 
5-6: Exhaust Blow-down 
6-7: Exhaust Stroke 
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Table 1-1: Energy Recovery in ICE 
Exhaust Enthalpy Recovery Systems Working Principle Advantage Disadvantage 
 
 
 
 
 
 
 
 
Organic Rankine Cycle 
• In the heat exchanger, a 
highly compressed organic 
fluid absorbs exhaust 
energy from the engine. 
• The organic fluid exits as 
superheated vapour and 
expands in the turbine. 
• Then, the remaining 
energy discharges to the 
surrounding in the 
condenser before it is 
compressed by a feed 
pump. 
• No increase in 
pumping work 
• High reduction 
of BSFC 
• Installation 
problem 
• Hazardous liquid 
• Cost ineffective 
• Heavy 
 
 
 
 
 
 
 
 
Thermoelectric Generator 
• Electricity is generated 
from the Seebeck effect 
• Highly doped n-type 
(excess electron) and p-
type (defiance electrons) 
semiconductor place 
between the hot and cold 
surface. 
• Temperature difference 
between the surface of 
exhaust pipe and 
thermoelectric material 
produces electric current. 
• Lightweight 
• Large variety 
of application 
areas 
• No increase in 
pumping work 
 
• Large exhaust 
surface area 
• Expensive 
 
 
 
 
 
 
 
Turbocompounding Layout 
• An additional turbine is 
installed downstream of 
the main turbine. 
• At the exit of the main 
turbine, the exhaust 
pressure is low. 
• Secondary turbine has to 
recover energy at low 
pressure. 
• Recovered energy is used 
to power electric auxiliaries 
or to mechanically add 
energy to the engine 
• Bolt-on unit 
which can be 
added to the 
powertrain  
• Low mass flow 
capacity 
• Increase in 
pumping work 
• Low energy 
available  
• Electric generator 
limitation 
 
1.1.4 Exhaust Energy Recovery for Internal Combustion Engine 
Current techniques to recover exhaust energy recovery in automotive sector can be 
divided into, (1) Organic Rankine Cycle (ORC), (2) Thermoelectric Generation and (3) 
Turbocompounding. The key features of each of these techniques are summarized in Table 1-1 
which also shows the engineering layout associated with each of them. As one can imagine each 
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technique has positive and negative attributes which makes it hard to establish a clear winner. 
However in the following discussion we will try to highlight the merits and deficits of each of 
these technologies with particular focus on the turbocompounding system. The ORC and the 
Thermoelectric Generator are heat energy recovery methods. On the other hand, the 
turbocompounding system is a mechanical energy recovery method. Therefore, the later 
method is less complex and cheaper. Figures 1-5 and 1-6 exhibit the architecture of the ORC and 
the Thermoelectric Generator.  
The ORC for the exhaust waste energy recovery that is shown in Figure 1-5 uses a 
similar principle as the thermodynamics cycle vapour power plant. Since 1978, the study of ORC 
application to recover some energy from the ICE has being actively studied by many research 
works [16-27]. An evaporator in the ORC system that is filled with an organic fluid such as 
Freon R11 (CCl3F), R114 (C2Cl2F4), Toluene (C6H5CH3), Benzene (C6H6), and Fluorinil 
(FC3CH2OH) is located after the main turbocharger and recovers the exhaust thermal energy. As 
the heat exchanger is exposed to the exhaust gas temperatures, the organic fluid that enters as a 
compressed liquid has received the thermal energy and leaves as a superheated vapour. The 
high pressure superheated vapour expands in the turbine to generate electric power.  
 
 
The combination of the ORC and the automotive engine increases the thermal 
efficiencies of the engine without increasing the exhaust back-pressure. A maximum power 
output of 2 kW has been shown so far [19-21]. However, despite a potential improvement in 
BSFC of as much as 15%, the implementation of ORC requires a complex technological 
architecture which makes it an unfavourable solution for a small scale mobile application [28]. 
In addition to this, the low thermodynamic cycle efficiency of the ORC (less than 40%) coupled 
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with its high cost and hazardous element that is harmful to the environment and difficult meet 
international regulations make simpler and more efficient devices preferable. Larjola [18] used 
toluene that has a good thermal stability and it is less harmful to the environment. The ORC 
radial turbine was coupled with a pump and a high speed turbo generator mounted on the same 
shaft so that the total thermal efficiency can be optimised. The energy recovery system was 
tested on three different heat sources: hot water, exhaust of a gas turbine and combustion 
gasses of solid fuel. Larjola [18] found that as much as 26 kW can be recovered from a-1500 kW 
gas turbine electric generator.  
 
Figure 1-6 shows another method of exhaust energy recovery system which is to use a 
Thermoelectric Generator. This type of technology does not significantly increase exhaust back-
pressure while still recovering thermal energy from the exhaust gases. The principle behind 
Thermoelectric Generation is based on the Peltier-Seebeck effect which accounts for the 
conversion of thermal energy of the exhaust gases into electric energy. The Petier-Seebeck effect 
is commonly used for thermocouple applications. The electric current is produced from a 
temperature difference between the cold surface of the thermoelectric generator and the hot 
surface of the exhaust pipe wall; this causes the charge carriers in the thermoelectric surface to 
diffuse thus producing thermally induced current. The implementation of thermoelectric 
technology in ICE has shown to reduce fuel consumption by 10% without increasing carbon 
emissions [29-32]. Despite the lightweight nature of thermoelectric generators and the variety 
of application in which they could be applied (e.g. solid-state cooling, heating and power 
generation), the efficiency of electric conversion is still poor and therefore they require large 
surface areas which are not always available. In addition to this the material cost for the 
Thermoelectric Generator devices is still prohibitively expensive. In order to improve the waste 
Figure 1-6: Thermoelectric Generator Layout 
Exhaust Flow 
Cold Surface 
n-type 
semicond
uctor 
p-type 
semicond
uctor 
 +  -  +  +  -  - 
n-type 
semicond
uctor 
p-type 
semicond
uctor 
 +  -  +  +  -  - 
n-type 
semicond
uctor 
p-type 
semicond
uctor 
 +  -  +  +  -  - 
QH 
QL 
I 
35 
 
heat energy recovery, Miller et al. [25] modelled the combination of ORC with Thermoelectric 
Generator in an ICE. They found that by recovering the high and low temperature waste heat 
with the Thermoelectric Generator and the ORC respectively, the energy recovery capability 
could be as high as 13.1 kW [25] from thermal source of 773 K.  
Another method of recovering exhaust energy from ICE is that of using a mechanical 
expander or a turbocompounding unit [32-44]. This method is easier to assemble than the ORC 
and cheaper than the Thermoelectric Generator solutions. The turbocompounding system can 
be divided into two main categories: mechanical and electrical turbocompounding. The former 
feeds back the excess energy recovered from the exhaust gases directly into the engine 
crankshaft whereas the latter uses the recovered energy in order generate electricity which can 
be used to power electric auxiliaries present in a vehicle or recharge battery packs.  A variation 
of electric turbocompounding is the so called Electric Assisted Turbocharger (ETA). This 
consists of an electric machine directly coupled to the shaft of the main turbocharger which can 
be used either as an electric generator (=recovering energy from the exhausts) or an electric 
motor (=adding energy to the turbocharger shaft during transient operation) [39;40]. The main 
advantage of ETA is that the electric generator can be operated as an electric motor to drive the 
compressor so that the turbolag is minimised thus enabling to reduce the pumping work [39]. 
However, this architecture is not suitable for a small petrol engine for the reason that a higher 
exhaust temperature dissipated from the turbine restricts the power electronic operations 
which have to be kept below 200˚C. Thus, an additional water cooling jacket is required to 
dissipate the high thermal energy from the turbine. Moreover, the bearing housing for the 
electric generator must be operated at high speed (more than 100,000 rpm); thus the bearing 
cost is substantially increased. In many textbook, ETA is usually referred as electric 
turbocompounding but for the current research paper electric turbocompounding corresponds 
to the arrangement explained in the main text.  
Despite an increment of the negative pumping work due to the presence of an additional 
turbine, the overall BMEP and BSFC of the engine can be improved if the amount of the 
recovered energy is higher than the pumping work [32-38; 41-44]. Energy storage, power-on-
demand capability, high flexibility and relatively low implementation costs are amongst the 
main benefits of electric turbocompounding as compared with the mechanical counterpart 
which has to install a fixed-ratio reduction gearbox so that the high speed turbine power output 
can be reused into the engine. It is also favourably seen by automotive manufacturers which are 
pushing towards electrification of powertrain systems. An additional advantage of the electric 
turbocompounding system is that it can be conceived as a bolt-on solution as part of the ICE. 
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If the architecture shown in Figure 1-7 is going to be adopted, one can expect the energy 
available to be low since most of the expansion occurs in the high pressure turbine and hence 
the second turbine has to be operated at lower pressure conditions. For instance in a small car 
segment the mass flow rate of the exhaust gases is in the range of 0.02 kg/s to 0.1 kg/s and the 
available pressure at the exit of the main turbine is approximately 1.1 to 1.3 bar. At such low 
rate of pressure and mass flow, commercially available turbines fail to provide an adequate 
response thus justifying the need for a high performance LPT design to fill the existing 
technology gap.  
Figure 1-8 shows most of the turbocompounding units that are available in the market. 
The mechanical turbocompounding [41; 44] and electrical turbocompounding unit [33; 35-40] 
are driven by using the off-the-shelf radial turbine or axial turbine. It can be seen from Figure 1-
8 that most of the turbocompounding units (Cummins Inc, Iveco S.p.A, Caterpilar Inc, John Deere 
and Bowman Power Group Ltd) have been developed to recover exhaust energy for large ICEs. 
So far only Control Power Technologies (CPT) has tried to implement an electrical 
turbocompounding unit for smaller capacity ICEs and therefore this justifies the opportunity to 
develop novel concepts/design solutions for turbocompounding engines in the small/medium 
segment.  
Electric 
Turbocompounding 
Figure 1-7: ICE Architecture with an Electric Turbocompounding 
Catalytic 
Converter 
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Figure 1-8: Turbocompounding Market 
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offer higher improvement than turbocompounding unit in terms of fuel consumption. However 
the engineering challenges associated with their implementation are still significant and 
expensive to be tackled. Therefore turbocompounders seem to offer the best cost-efficiency 
compromise even though for this solution there are still several issues like cooling, integration, 
engine optimization and exhaust-back pressure mitigation which need to be addressed. 
Particularly exhaust gas back-pressure mitigation is one of the main challenges which need to 
be tackled in turbocompounding technology. In fact the addition of an extra element in the tail 
pipe increases the amount of exhaust gas back-pressure which goes to the detriment of 
scavenging and therefore engine performance. Hence the need for a bespoke turbine design for 
turbocompounding applications capable of minimizing the negative effects of back-pressure 
whilst maintaining high energy extraction is apparent. The development of such a turbine is at 
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1.2 Turbine Modelling and Design 
The development of a high performance turbine at lower pressure ratios region is 
important to minimise the back pressure in the ICE so that it will benefits the 
turbocompounding application. The hypothesis of this thesis is to determine whether or not it is 
possible to design a high efficiency and low pressure turbine for turbocompounding application. 
The turbine development involves several steps such as a preliminary design procedure, 
performance prediction and turbine testing. The outcome of the preliminary design is to 
compute the key geometrical features (radius, length, blade angle etc.) that satisfy the required 
pressure ratios, power and flow capacity. In general the turbine performance for the 
preliminary turbine design is computed using a mean-line model. The obtained turbine 
performance is not expected to be optimized in this stage due to the fact that the mean-line 
model is a simplified characterization of the actual flow in the turbine. Therefore CFD that 
calculates a more realistic internal flow than the mean-line model is usually used to optimize 
the preliminary turbine design. Once turbine designer has confidence with the computed 
results, a turbine prototype is made so that it can physically be tested. The test results are used 
to validate the computed turbine performance. In this section, the literature review of the mean-
line model, 3-D CFD and experimental flow study will be presented.    
1.2.1 Mean-line Modelling 
One of the earliest numerical models for predicting the turbine loss correlation for a 
radial turbine was documented by Futral and Wesserbauer [45] in 1965. They developed a 
computer code to predict the off-design performance of radial turbines under steady state flow 
with the input of the radial turbine geometry and dimensions. The proposed mathematical 
modelling which was based from several loss coefficients gave a good agreement against the 
experimental results at off-design conditions [45]. The estimated loss coefficients were used to 
estimate the total pressure loss which correlates with the entropy generation during the turbine 
expansion. Rohlik [46] used the mean-line model to optimized off-design performance for a 
radial turbine. Five turbine losses were considered Rohlik [46]: stator loss, rotor loss, tip-
clearance loss, windage loss and exit loss. The distribution of the loss for the five types was 
plotted against specific speed and it is given in Figure 1-9. The proposed model shows exit loss 
dominates at higher specific speed and the rotor loss contributes the highest at lower specific 
speed.    
In general, a turbocharger turbine operates under unsteady condition due to the 
pulsating nature of the engine exhaust flow [47].  This pulsating flow causes a large incidence 
loss that can lead to boundary layer separations at the inlet of the rotor. Chen and Baines [47] 
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suggested that optimum incidence angle is correlated to blade loading. It suggested that the 
Stanitz’s correlation to estimate slip factor is not suitable for mixed flow turbine.  Thus, a new 
correlation that correlates the turbine geometry such as blade angle and cone angle to estimate 
slip factor was proposed. Chen and Baines [47] assessed the data from forty radial turbines and 
plotted a correlation between the blade loading, Ψ and the flow coefficient, Φ in order to 
estimate the total-to-static turbine efficiency. The correlation diagram that is shown in Figure 1-
10 is still used to assist turbine designers to select the turbine preliminary design. The data 
points and contour indicate turbine total-to-static efficiency, t-s. 
 
 
 
Chen and Baines [48] also developed an optimization procedure for the preliminary 
design stage of radial and mixed flow turbines, t-s. It aimed at obtaining the best possible 
efficiency by reducing the energy loss of the turbine [48]. The simple method is based on 
loading coefficient and exit loss. The method proved to be applicable to many radial turbines 
even though its drawback lied in the fact relative flow angle at inlet to the volute had to be set at  
90˚ in order to solve their mathematics. As a result, the method could not be applied to turbines 
with operating conditions different than 90˚ flow angle.  In addition, the analytical optimization 
of the model only considered two turbine losses which are the internal loss or passage loss and 
exit loss without taking the dissipation effects due to the leading edge profile (incidence loss).   
Figure 1-9: Loss Distribution along specific speed [46] 
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The incidence loss, Li which is one of the main losses in radial turbines, was not included 
in mean-line modelling until the 1983 when Meitner  and Glassman [49] evaluated off-design 
performance of back swept radial turbines. Unlike conventional radial turbines which are 
designed with zero inlet blade angle (βbl,3=0), back swept radial turbines present a variable inlet 
blade angle which enables the inlet relative flow angle, β3 to be close to the optimum incidence 
angle, i ( it was experimentally found lie in the range between -20˚ - 40˚ [50]).      
Additional research on mean-line modelling was carried out by Zhuge et al. [51] who 
developed a computer simulation to simulate centrifugal compressor and radial turbine under 
steady flow conditions. The simulation achieves good agreement with experimental data. 
Romagnoli and Martinez-Botas [52] simulated a mean flow stream line loss model for a mixed 
flow turbine. The performance maps of the steady-state flow were predicted by considering the 
inlet total pressure, total temperature and blade speed as their boundary conditions. The model 
used Mach number at rotor inlet as a loop parameter to match the Mass Flow Parameter. The 
Relative Means Standard Deviation (RMSD) that measured the deviation of the turbine 
performance from the predicted turbine modelling and the empirical data was within 1% to 7% 
[53].  
Ghasemi et al. [53], Hajilouy et al. [54], Romagnoli et al. [55] and Shahhosseini et al. [56] 
used mean-line model to predict the performance of a twin-entry turbine (circumferentially 
divided). The models were able to generate the efficiency curves for a twin-entry turbine under 
Figure 1-10: Blade Loading and Flow Coeffcient Correlations for radial turbine [47] 
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partial admission (no flow in one of the entries) with modified loss coefficients for friction, 
clearance and blade loading of single entry turbines.  
1.2.2 Turbine Flow Analysis  
Flow field analysis is essential to analyse turbine internal flow in order to optimize 
turbine performance. In 1990’s, most of the flow field analysis was done by using the Laser 
Dopler Velocimetry (LDV). Baines and Lavy [57] compared the internal flow field in a nozzled 
and nozzleless turbine. The study showed that the nozzled turbine gives better efficiencies than 
the nozzleless turbine around the turbine design point. This is due to the fact that the nozzles 
guide the flow circumferentially into the rotor inlet. However, the flow field analysis using laser 
measurement reveals a poor flow distribution around the nozzleless turbine rotor leading edge. 
Baines and Lavy [57] also measured the total and static pressure by placing up to fifty pressure 
holes around the vaneless volute. They found large variations of total pressure, static pressure 
and flow angle around the volute. Whitfield and Mohd Noor [58] who also used laser to measure 
the flow field in the nozzleless volute obtained similar results as Baines and Lavy [57]. Whitfield 
and Mohd Noor [58] suggest that due to friction between air flow and volute wall the free vortex 
assumption is only satisfied for the first 180˚ of the volute section whereas it deteriorates over 
the last section of the volute. Karamanis [59] used Laser Dopler Velocimetry (LDV) to measure 
the internal flow field in a nozzleless volute for three configurations of mixed flow turbines. The 
insights fluid dynamic knowledge obtained from the analysis of the three turbines were used to 
design a new mixed flow turbine. The new turbine was found to achieve a maximum turbine 
efficiency of 0.75 at lower velocity ratio, VR ≈ 0.645 [59].  
1.2.3 3-D Computational Fluid Dynamic (CFD) Analysis 
Despite giving a reliable and comprehensive flow analysis, the LDV technique is 
expensive, time consuming and difficult. Thus, it is not preferred to be used during the design 
stage. Since 1960’s the computational capability has rapidly being developed and it became an 
essential tool in the turbine design process to predict the flow characteristics and turbine 
performance. Karamanis et. al [60] shows that 3-D CFD flow field analysis has a significant 
agreement with the experimental measurements if a refined meshing is used. Figure 1-11 shows 
the validation of the 3-D CFD against the experimental result (LDV) [60]. The refined meshing 
CFD is usually carried out on a high capability computer. Since 1990’s the computer capability 
and application has been significantly improved. Therefore, the computational accuracy is 
increased.  
The continuous development of more powerful processors, made the use of 3-D CFD 
analysis easier to handle so that the turbine performance optimization can be done easily. 
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Walkingshaw et. al [61] reported a single passage CFD analysis used to optimize off-design 
performance for non-radial turbine. Figure 1-12 compares conventional radial turbine and non-
radial turbine. The application of the single passage CFD has shown that the non-radial turbine 
improves the secondary flow distribution at the turbine inlet. As a result the total-to-static 
efficiency, t-s and Mass Flow Parameter, MFP was increased up to 1.8% and 1.3% [61]. 
However, the non-radial turbine has a bending stress limitation. As a result, the application of 
the non-radial turbine is limited. Barr et al [62] analyzed a 25˚ back swept non-radial turbine 
using a single passage CFD and obtained 2% total-to-static efficiency, t-s improvement. 
However, a structural analysis using a commercial Finite Element Analysis (FEA) found the 
bending stress as much as 23% at the tip of the turbine blade. 
 
Palfreyman and Martinez-Botas [63] also used a validated single passage CFD to 
compare the flow field in a radial turbine and a mixed-flow turbine. The CFD analysis was 
divided into two parts where the first part validated the accuracy of numerical code with 
experimental results whereas the second part calculated the turbine performance [63]. 
Palfreyman and Martinez-Botas [63] found that the mixed flow turbine with a cone angle of 50 ° 
has lower secondary flow than the radial turbine thanks to the back swept leading edge. Figure 
1-13 illustrates the cone angle, γ and camber angle, ϕ for radial and mixed-flow turbine. The 
cone angle is an angle between the turbine leading edge and the radial direction. It is the main 
physical difference between mixed flow turbine and radial turbine. For radial turbine, the cone 
angle is at 90 ° so that radial fibre material element can be maintained. Therefore, camber angle, 
Figure 1-11: Comparison of 3-D CFD and LDV Result [60] 
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ϕ which is the angle between the camberline and z-axis must be set at zero degrees so that the 
bending stress limitation can be optimised. On the other hand, the camber angle, ϕ is not limited 
to the zero degrees requirement in the mixed flow turbine to maintain its radial fibre material 
element because of the cone angle is not set at 90 °. As a result, the mixed flow turbine has the 
back swept leading edge that improves the secondary flow distribution while maintains the 
mechanical strength capability.  
 
   
 
Palfreyman and Martinez-Botas [64] also used a full turbine model to investigate a 
pulsating flow turbine performance. The 3-D turbine computational analysis was validated 
against the pulsating flow experimental results and a good agreement was found [64].  Another 
Figure 1-13: Mixed Flow Turbine Overview 
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full turbine CFD analysis was documented by Hajilouy-Benisi et al. [65] in 2009. The study was 
conducted to investigate the performance and internal flow field characteristics of the twin-
entry radial turbine at full and partial admission. The 3-D CFD analysis was analyzed at steady 
state conditions. At extreme partial admission (one side was fully closed), low entropy gain was 
observed at the volute and a large variation of incidence angle which lead to high incidence loss 
and lower efficiency occurred at the rotor inlet [65].  Copeland et al. [66] modelled a full double-
entry turbine CFD analysis with a total of meshing elements of 1,479,789 by to study the 
entropy generation that generated in the turbine. A non-uniform flow at the rotor inlet was 
found to cause a large entropy generation that reduced the turbine performance. The off-design 
performance for the full admission and unequal admission steady-state conditions were 
validated against the experimental data and a maximum deviation of 8% was reported for the 
partial admission condition [66]. 
Simpson et al. [67] investigated flow structures of the vaned and vaneless stators for 
radial turbines. The validation of the modelled 3-D CFD analysis to the experimental results 
shows a maximum deviation of 3.6 % for the vaneless stators [67]. The analysis of the flow 
losses was based from the secondary flow that was developed in the turbine. The entropy 
generation calculation was not done in this work. The effect of different volute tongue 
geometries for a nozzleless turbine was modelled in a 3-D full-turbine CFD analysis by 
Shurhmann et al. [68]. The investigation showed small volute tongue radius and volute angle 
are required so that the total-to-static efficiency, t-s can be increased up to 2% [68].     
1.3 Pulsating Flow 
A turbocharger turbine operates under unsteady condition due to the pulsating exhaust 
flow. This explains for the importance to understand and calculate turbine performance under 
pulsating flow even though, due to its complexity, only few turbocharger facilities can perform 
unsteady flow testing. Initial studies on turbine performance under pulsating flow was done by 
Benson and Scrimshaw [69], Wallace and Blair [70], Kosuge et al. [71] and then followed by 
Capobianco and Gambarotta [72]. Most of these studies aimed to quantify the degree of the 
unsteadiness in the turbine system as consequence of pulsating flow. Capobianco et al. [73] also 
extended their research work by investigating the effect of waste-gated on the unsteadiness 
level. Most of the pulsating flow research is focused on single entry turbines rather than  
multiple-entry turbines. One of the earliest documented research works on the double-entry 
turbine under the pulsating flow was provided by Pishinger and Wunchen [74]. 
Generally, a pulse generator is used to simulate the exhaust gas pulse flow from the 
engine. Capobianco et al. [72] simulated the pressure pulse using two rotating valves. The pulse 
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generator that is used by Capobianco et al. [72; 73] is capable to change the pressure pulse 
amplitude and shape. Dale and Watson [75] instead used cut-outs on the chopper plates to 
replicate the pressure pulse. The pulse generator is less complex than the rotating valves and is 
capable to simulate up to 100 Hz pressure pulse frequency.  
The unsteady flow in a pulse is delivered to the turbine by two or more separate 
manifolds. For the twin-entry volute, this will lead to instantaneous partial, unequal admission 
and out of phase flow of the turbine. Dale and Watson [76] simulated the out of phase condition 
of twin-entry volute by generating different pulse pressure at each inlet via a pulse 
generator.The instantaneous pressure, temperature and mass flow rate is measured by using 
high frequency strain gauge transducers, dual probe hot wire and constant temperature hot-
wire anemometer, respectively [76; 77; 78]. This enables to capture the ‘filling and emptying’ 
effect which contributes to the unsteady behaviour of the turbine under pulsating flow 
conditions. Szymko [77] proposed three modes to describe turbine behaviour under pulsating 
flow, as shown in Figures 1-14 (a) and (b). In the first mode, the pressure pulse is increased and 
decreased at a slow rate that permits the mass flow rate to follow the steady state behaviour. 
The turbine is operated in full quasi-steady condition. As the pulse frequency increases, the 
mass flow profile follows a hysteresis profile which encapsulates the steady-state performance 
curve (second mode). Finally, as a result of a further increase of the pulse frequency, the turbine 
starts to deviate from the steady state operation and the operating loop does no longer 
encapsulates the steady-state performance curve (third mode). Szymko [77] suggested to use 
Strouhal number, St.* which defines as the rate of localized changes of a moving particle with 
respect to the propagation of the disturbances in distinguishing between these three 
unsteadiness modes. Copeland et al. [79] investigate the unsteadiness problem in the pulsating 
flow by evaluating the timescale of the particle travelling from the source of the disturbance. 
They suggested that the Strouhal number could not fully quantify the flow unsteadiness and 
proposed a criterion that accounts the effect of pulse amplitude as well as frequency should be 
used.  
1.4 Literature Summary 
Three exhaust energy recovery methods; organic Rankine cycle, thermoelectric 
generation and turbocompounding are reviewed. It is found that the turbocompounding is the 
most cost effective solution but it has several challenges such as back pressure increase due to 
the additional turbine. Therefore, a methodology to obtain a turbine that operates efficiently in 
the lower pressure ratios region should be developed to optimize the exhaust back pressure. 
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From this literature survey, it is clear that a high performance radial turbine at these low 
pressure ratios does not exist and would represent a novel contribution.   
  
(a) (b) 
Figure 1-14: Instantaneous MFP vs PR, (a) 20 Hz & 40 Hz, (b) 60 Hz & 80 Hz [79] 
 
Turbine preliminary design uses knowledge from the mean-line modelling available in the 
literature. It applied turbine loss correlation models such as incidence loss, passage loss, tip 
clearance loss and disc friction loss. The optimization of the turbine preliminary design using 
the single passage CFD was done to match the best inlet flow condition so that the incidence loss 
could be minimized. The obtained incidence angle is compared with the literature [50]. The 
analysis of the entropy generation, pressure loss and Mach number distribution in the turbine 
are compared to the literature survey.[57-60; 63; 67; 70]. Finally, the unsteadiness 
characterization that was suggested by Szymko [77] using the Strouhal number, St.* will be 
compared against the lambda criterion that was recommended by Copeland et al. [79].   
1.5 Motivation 
The current investigation was part of the HyBoost project which is the acronym for the 
Hybridised Boosted Optimised System with the Turbocompounding unit. The project was 
funded by the United Kingdom Technology Strategy Board (TSB) to initiate lower carbon vehicle 
research to meet higher European emission regulation requirements. The main objective of the 
project is to reduce the carbon emission from 169 g/km to 99.7 g/km by integrating several 
existing technologies. The engine architecture for the applied technologies is shown in Figure 
0 
1 
2 
3 
4 
5 
6 
7 
8 
1.0 1.3 1.6 1.9 2.2 2.5 2.8 
M
FP
 
Pressure Ratio, PR 
20 Hz 
40 Hz 
Quasi-Steady 
First  Mode  
(Full Quasi-steady) 
Second Mode 
0 
1 
2 
3 
4 
5 
6 
7 
8 
1.0 1.3 1.6 1.9 2.2 
M
FP
 
Pressure Ratio, PR 
60 Hz 
80 Hz 
Third Mode 
47 
 
1.15 and Table 1-2 summarises the baseline of the engine’s emission and the integrated 
technological strategies to meet the objectives. 
The development of the technology to be included in the HyBoost vehicle was carried 
out by several research partners such as Ricardo UK ltd, Ford (UK), Valeo, Control Power 
Technologies, EALABC and Imperial College London. The proposed engine architecture includes 
two stage air compression system. The 3.3 kW electric supercharger is activated to supply boost 
on demand by Valeo electronically control waste-gate and then the pre-compressed air goes 
through a conventional compressor. The exhaust gas is expended in the turbocharger turbine 
where the output power is used to drive the main compressor. In general, the electric 
supercharger is activated for approximately 45s but it demands a higher electrical power than a 
normal car battery is capable of delivering. Despite the 6kW stop-start re-generative breaking to 
recover breaking energy, the energy recovery is not continuous and a 4-kW motor also works as 
a torque assist. Therefore, a continuous charging battery is required to meet a higher electrical 
demand. A turbocompounding electric generator unit is located downstream of the main 
turbocharger turbine and it is used to recover a higher temperature but lower pressure waste 
exhaust energy via a secondary turbine. The function of a secondary turbine is to recover waste 
energy remaining in the gas stream after having passed through the main turbocharger turbine. 
As one can expect, the energy available is not large since most of the expansion occurs in the 
turbocharger turbine and hence the second turbine has to be operated at lower pressure 
conditions. 
Table 1-2: HyBoost Target and Strategies 
Target Assumption:  
Base vehicle (2.0 litre Gasoline):     169g/km 
Aggressively downsized DI, low loss engine -25% 
Add cooled EGR and Miller cycle operation -6% 
Add stop-start and 6kW re-generation (BSG) -10% 
Taller gear ratios + gearshift indicator light -7% 
HyBoost vehicle (1.0Litre Gasoline) 99.7g/km 
 
In the current study, the secondary turbine is coupled to an electric machine for 
turbocompounding applications. The operational constraint for the electric turbocompounding 
systems is mainly due to the electrical machine which needs to run at an optimum constant 
speed over the entire engine driving cycle in order to work efficiently. In the heavily downsized 
engine, such a requirement is particularly difficult to achieve. A lower engine speed (less than 
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1500 rpm), the pressure ratio, PR available is in the range of 1.05-1.3 which constrains the 
turbine to operate in a region where a conventional turbine would operate at less than 40% 
efficiency. This is shown in Figure 1-16 which shows the efficiency of a medium capacity turbine 
rotor that was designed to operate at 98,000 rpm with a PR of 1.6. Also, Figure 1-16 indicates 
the region of interest for the turbocompounding unit superimposed onto a conventional turbine 
map. It is clear that the application of a conventional turbine to operate at a lower pressure 
results in a poor turbine performance. In conclusion, a bespoke turbine for the low pressure 
applications must be designed to fulfil in order the existing gap in the current technology. For 
the particular application under study, the required operating conditions for the newly designed 
turbine are given in Table 1-3.  
 
 
 
 
 
 
 
 
 
HyBoost Engine 
Heavily Downsized 1.0L at 99 g/km 
  
Baseline engine 
2.0 L at 169 g/km 
CO2 Emission (g/km) 
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HyBoost Engine Architecture 
Figure 1-15: HyBoost Car, CO2 Emission Band and Engine Architecture 
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Figure 1-16: Mixed Flow turbine performance 
 
Table 1-3 : Turbine Operating Requirement 
    Turbine Power  1 kW 
    Blade rotational speed 50,000 rpm 
Turbine expansion ratio 1.1 
    Total inlet temperature 1100 K 
 
1.6 Thesis Objectives 
The thesis presents the design and development of the Low Pressure Turbine (LPT). There 
were several research objectives to be accomplished during this work which are briefly 
explained as followed: 
1. To develop a methodology to enable the design, interpretation and assessment of the LPT for 
a highly boosted gasoline engine. A preliminary LPT design is developed using mean-line 
model and 3-D CFD is utilized to optimize it. Computed off-design performance using the 
mean-line model, single passage CFD and full turbine CFD model are evaluated.  
2. To evaluate the steady state LPT performance in the turbine testing facility. The results are 
used to validate the computed LPT performance.  
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3. To provide a physical insight into the unsteady flow of the LPT. The unsteadiness level is 
characterized. 
4. To provide understanding of the Low Pressure Turbine benefits. The installation of the LPT 
is evaluated in an engine model and engine testing in order to quantify the impact on engine 
performance.   
1.7 Thesis Outline 
The thesis is divided into 7 chapters and it is followed by references and Appendices. 
Chapter 1: Introduction 
This chapter introduces the motivation of the energy recovery of the exhaust waste energy of 
the highly boosted downsized 1.0L mild-hybrid engine. Also, the principles of the exhaust 
energy recovery are presented in this chapter. The chapter includes the literature review of the 
mixed-flow turbine, the nondimensional aerothermodynamics turbine modelling, the turbine 
steady state performance prediction methods and the pulsating flow performance. Finally, the 
thesis motivation and objectives are discussed in the end of the chapter.  
Chapter 2: Aerothermodynamics Mean-Line Modelling For Preliminary Low Pressure 
Turbine Design 
In this chapter, the turbine characteristic parameters are outlined. Then, a mean-line modelling 
is used for the preliminary design of the Low Pressure Turbine. 
Chapter 3: LPT Optimization for Volute Design and CFD Analysis 
The optimization of the preliminary LPT design using a single passage CFD is discussed in this 
chapter. The LPT volute is designed using the optimized inlet absolute angle. Then, a full turbine 
CFD analysis is performed to predict the turbine performance and to analyse the volute internal 
flow. The rotor internal flow is analysed in the final section of the chapter using a refined single 
passage CFD. A predicted off-design performance from the mean-line modelling and single 
passage CFD is also presented in this chapter.      
Chapter 4: Steady-state LPT Testing 
The testing facility will be discussed in the beginning of the chapter. Then the results and 
analysis of the turbine performance obtained from the turbine testing will be discussed. An 
assessment of the uncertainty analysis will be presented. Finally, the computed turbine 
performance from mean-line modelling, single passage CFD and full turbine CFD model are 
validated against the turbine test result.  
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Chapter 5: LPT Characterization under Pulsating Flow 
This chapter discusses the assessment of the turbine performance under the pulsating flow 
created by the chopper plates for the pulse frequency range of 20 Hz to 80 Hz. The unsteadiness 
characterization using Strouhal number St.* and Lambda criterion  is compared and is 
discussed in this chapter.   
Chapter 6: LPT Impact on Engine Performance 
A discussion of optimizing the location of the LPT on the heavily downsized engine using a 
validated steady-state full load 1-D engine modelling is given in this chapter. Then, a steady-
state part load engine operation is simulated at the optimized LPT location. Finally, this chapter 
presents the results of engine testing installing with the LPT.  
 Chapter 7: Conclusions and Future Works 
The final chapter concludes the findings of the thesis. The last part of the chapter outlines 
recommendations for future works. 
 
1.8 Contribution to knowledge 
This thesis presents preliminary design method to establish a high performance low 
pressure turbine using mean-line modelling. The outcomes of the LPT performance at steady 
state condition that will be supported with the CFD flow field analysis so that the understanding 
of the turbine loss generation can be achieved are also presented. An understanding of the 
pressure pulse influence on the turbine performance will be obtained by comparing the 
unsteadiness characteristics calculated using the Strouhal number, St.* and Lambda criterion in 
the pulsating flow analysis. The thesis provides three stages; (1) develops a method to design 
the LPT, (2) evaluate turbine performance and (3) analyse an impact on engine performance. 
The design methodology of the LPT is provided in the chapter 2 of this thesis. Then, the 
preliminary design is optimised and presented in chapter 3. The steady state turbine testing in 
chapter 4 shows that the LPT was operated at higher efficiency than conventional radial turbine 
in the low pressure ratios region (1.03 – 1.3) and low rotational turbine speed. Chapter 5 
provides an understanding of the LPT performance under unsteadiness condition. Finally, the 
engine performance impacts using engine testing and 1-D engine model are analysed in Chapter 
6.     
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Chapter 2:  Mean-line Model for Low Pressure 
Turbine Design 
2.1 Synopsis 
This chapter describes the development of a mean-line model for preliminary design of 
Low Pressure Turbine (LPT). In the beginning of the chapter, the turbine non-dimensional 
characteristics are presented. Then the structure of the mean-line model is described in detail. 
Subsequently the computed performance prediction from the mean-line model was validated 
against the experimental results obtained from a mixed-flow turbine previously designed at 
Imperial College. Finally the mean-line model was used to create the geometrical configurations 
for the preliminary design of the LPT.  
 
2.2 Nondimensional Characteristics  
Non-dimensional analysis enables turbomachinery designers to simplify the assessment 
of performance by reducing the number of fundamental variables involved.  The basic 
parameters which influence the behaviour of turbine performance can be represented as the 
function of geometrical configuration and physical properties. The functional relation is 
described by Equation 2-1 [81]: 
                                        2-1 
where,    is the mass flow rate,      is the total-to-static efficiency,     is the stagnation 
pressure at volute inlet,    the static pressure at turbine exit, N the turbine rotational speed,    
the turbine inlet diameter, R the the gas constant, k the specific heat ratio and μ the dynamic 
viscosity. Subscript 1 and 4 refer to volute inlet and rotor outlet respectively. Subscript 2 refers 
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to stator inlet and subscript 3 refers to rotor inlet as shown in Figure 2-1. By using the 
Buckingham   theorem, the performance parameters can be reduced to six nondimensional 
groups:  
  
   
  
 
   
  
 
   
    
 
     
  
   
     
 
  
   
            2-2 
In general, the characteristic dimension, d3, gas constant, R and specific heat ratio, k are dropped 
from the non-dimensional parameters as they remain constant for a given flow and geometry. 
Thus, Equation 2-2 becomes: 
       
   
  
 
      
   
  
 
    
           2-3 
The resultant pseudo-nondimensional groups are given below.  
Mass Flow Parameter (MFP) 
      
   
 
Total-to-static Efficiency      
Pressure Ratio (PR) 
   
  
 
Speed Parameter (SP) 
 
    
 
Total-to-static efficiency,      is defined as the ratio between the actual power and 
isentropic power which is given by; 
     
     
    
         2-4 
4 
2 
Vane 
Volute  
Volute 
Inlet 
1 
Rotor 
3 Shroud 
Hub 
Figure 2-1: Turbine Layout 
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 where,        Turbine Actual  ower   
      Turbine Isentropic  ower  
The actual turbine power output from the Euler turbomachinery equation is given below: 
                               2-5 
The isentropic power is calculated from the difference of the total enthalpy at the turbine inlet 
and the static enthalpy from an isentropic turbine expansion (Figure 2-2), Equation 2-6 
                              
 
 
  
              
 
 
 
 
 
  
     2-6 
where cp is specific heat capacity at constant pressure. The specific heat capacity is a function of 
the static temperature. A correlation for the specific heat capacity was presented in a 
polynomial form by Zucrow and Hoffman [82] and it is used within the thesis to calculate cp.  
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Where                  
                 
                 
                   
   
                 
                   
    
The total-to-static turbine efficiency, ht-s is normally plotted against the velocity ratio, 
  
   
 where 
U3 is the inlet rotor blade speed and Cis is the velocity the flow would attain assuming an 
isentropic expansion the same exit pressure. The blade speed, U3 and the isentropic velocity, Cis 
are given as: 
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         2-9 
where                                                       
Therefore the velocity ratio, VR can be expressed as: 
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The Mass Flow Parameter, MFP is typically plotted against turbine pressure ratio, PR for 
a different speed parameter,  
    
 .  
The LPT research work used a cold flow gas test stand facility. Consequently, the obtained 
testing results required to scale the cold-flow conditions of the test facility with the hot gas 
design conditions. In order to scale to the equivalent design conditions, a Similarity Method is 
commonly used for the pseudo-non-dimensional speed and Mass Flow Parameter, MFP. 
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From these relations, it is clear that a cold test would lead to higher mass flow,      , and lower 
rotor speed,     , when compared to the hot condition.  
 
2.3 Aero-thermodynamics Mean-line Model  
In order to start with the characterization of the LPT, a validated design procedure had to 
be developed. Based on previous work carried out at Imperial College on the design of a high 
pressure mixed-flow turbine [59; 77], a mean-line model for the LPT was developed and applied 
for the new design. In mean-line model, the turbine geometry is divided into a number of key-
stations: volute inlet, stator section, rotor inlet and rotor exit, as shown in Figure 2-1. The flow 
conditions are then calculated at each station by ensuring that the continuity equation is 
satisfied. In order to determine the turbine performance, a loss model had to be applied.  
The turbine expansion process is presented as an enthalpy-entropy diagram in Figure 2-2, 
showing the turbine inlet (station 1), the volute (1-2), the nozzles (2-3) and the rotor (3-4).  The 
flow enters the volute with a speed C1 and corresponding static pressure and temperature of P1 
and T1. After accelerating within the turbine volute and nozzles (in which there is no work 
transfer, h01=h03 or T01 = T03 for an ideal adiabatic gas), the flow energy extraction takes place in 
the turbine wheel. The velocity triangle at the inlet and the exit of the rotor is shown in Figure 2-
3. The flow enters the turbine rotor at the absolute velocity C3 with an absolute angle, α3. At this 
station, the static pressure and temperature are P3 and T3. At the exit, the relative velocity is W4 
with relative angle, β4. In the mean-line modelling, the inlet and exit velocity triangles are 
evaluated at the mean radius position.  
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After having determined the flow conditions in the turbine key-stations, the aero-
thermodynamics analysis can be extended to the calculation of the turbine performance 
characteristics. By applying the Euler turbomachinery equation (Equation 2-5), the specific 
actual power can be determined: 
     
  
  
 
 
    
    
      
    
      
    
        2-13 
In terms of absolute stagnation states, the specific actual power output of the turbine is also 
given by Equation 2-14: 
     
  
                     2-14 
By equating the Equations 2-13 and 2-14, the rothalpy equation which is required to correlate 
the flow condition between the turbine inlet and the turbine exit is established. 
   
     
  
 
 
   
    
          2-15 
where h’03 and h’04 subscripts represent the stagnation enthalpy in the relative frame of 
reference (that is in the frame rotating with the turbine) at the rotor inlet and rotor exit station 
respectively. P’04 corresponds to the relative stagnation pressure. The relative enthalpy loss, LR 
is defined as the difference between the relative stagnation enthalpy at the turbine exit, h’04 and 
the relative stagnation enthalpy of an isentropic process, h’04,is.The relative enthalpy loss, LR 
equation is then given below: 
             
        
            
     
       
            
     
    
 
   
    2-16 
Rearranging Equation 2-17 will give: 
     
     
    
    
  
      
 
 
   
        2-17 
In the developed mean-line model, the relative enthalpy loss is given as the summation of four 
major losses: incidence loss, Li, passage loss, LP, clearance loss, LCl and disc friction loss, Ldf. A 
correct evaluation of the contribution of each loss to the overall energy extraction process is 
crucial to obtain an initial performance prediction. Therefore in the next sections the loss 
models that are used to estimate the turbine performance. The flow process will first consider 
the losses occurring in the volute and then those in the rotor.  
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Figure 2-5: Experimental steady flow Mass Flow Parameter, MFP map [77] 
 
2.3.1 Boundary Condition 
Figure 2-4 shows the flow chart of the model developed for a mixed-flow turbine 
developed by Szymko and Szymko et al. [77; 78; 80]. The model predicts the total-to-static 
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efficiency, t-s from the experimentally measured Mass Flow Parameter, MFP maps (Figure 2-5). 
The mass flow rate, the inlet pressure and the turbine speed derived by the MFP maps are set as 
boundary condition for the model.  The turbine loss model estimates the relative enthalpy loss 
in the volute and the rotor after which the total-to-static efficiency, t-s is calculated. It is worth 
noting that before calculating the total-to-static efficiency, t-s the passage loss coefficient needs 
to be calibrated. The calibration process is performed only for the peak efficiency point at each 
speed line.  
 
2.3.2 Turbine Volute 
The turbocharger turbine volute (from station 1 to 3) can be either nozzled or 
nozzleless. The nozzled design (stations 2-3 in Figure 2-1) is used for setting the flow angle that 
approaches the rotor. Nozzled turbines have higher turbine efficiencies at design point than 
equivalent nozzleless turbines. However nozzleless turbine configurations provide higher 
efficiencies than nozzled turbines when operating at off-design conditions. As per the design of 
the LPT, a nozzleless configuration was chosen since it is cheaper and easier to manufacture.  
The losses occurring within the volute can be divided into total pressure loss, wall 
friction and blockage at the exit to the volute [50]. The total pressure loss coefficient describes 
the drop in stagnation pressure relative to the dynamic pressure. The total pressure loss 
equation is given below: 
    
       
      
         2-18 
The typical values for this coefficient fall between 0.1 and 0.3 [50]. In this thesis, the KPL value of 
0.1 has been used based on comparison with experimental overall performance.  
The flow in the volute can be considered to obey to the free vortex condition [83]. The 
free vortex condition, assumes that the tangential velocity, C3 is inversely proportional to the 
radius. Hence the angular momentum is conserved and defined in Equation 2-19.  
    
    
  
         2-19 
Under ideal conditions, the effect of wall friction on the inlet tangential flow velocity is 
neglected. However this is not the case since friction between the volute wall and the flow is 
inevitable and it will cause the flow to deviate from the ideal exit flow angle and consequently 
the free vortex assumption would not hold.  The wall friction is included by introducing a swirl 
coefficient, S in the free vortex equation (Equation 2-20).  
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         2-20 
Japikse and Baines [50] have suggested the range of the swirl coefficient, S should be from 0.85 
to 0.95. In this thesis the swirl coefficient, S value of 0.9 was used.  
In order to take into account effect of boundary layer growth and secondary flows in the 
volute, a blockage factor, B is included in the calculation of the mass flow rate in Station 3. Due 
to these effects, the inlet area into the turbine will be reduced.  
                        2-21 
In this thesis, the blockage factor, B of 0.05 was found to fit with the turbine design. 
2.3.3 Rotor 
 Figure 2-6 shows the basic schematic of a mixed-flow turbine. This rotor corresponds to 
the Imperial College London fourth generation turbine known as ‘rotor D’, which was used for 
the mean-line modelling. The rotor was originally designed by Karamanis et al. [59]. The turbine 
was designed with a constant leading edge incidence angle, i equal to -20˚ based from mixed-
flow turbine designed by Abidat et al. [83].  The incidence angle, i is the angle between the blade 
angle, bl3 and the relative angle, 3. It is shown in Figure 2-6.  Table 2.1 summarizes the main 
turbine geometrical dimensions.   
 
Figure 2-6: Mixed-flow turbine configuration and 3-D view 
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Table 2-1: Geometrical dimensions of mixed-flow turbine 
 Number of Blades, Z 12 
Leading Edge Root Mean Square Radius, r3,rms 42.2 mm 
Leading Edge Span,b3  18.0 mm 
Rotor Inlet Area, A3 4723 mm2 
Trailing Edge Tip Radius, d4,s 39.3 mm 
Trailing Edge Hub Radius, d4,h 15.6 mm 
Rotor Exit Area, A4 4282 mm2 
Cone angle, γ 50° 
Inlet Blade Angle, bl varied 
Exit Mean Blade Angle, bl varied 
Radial Clearance, εr 0.45 mm 
Rotor blade length, l 40.0 mm 
 
As earlier mentioned, the relative stagnation enthalpy loss, LR is the summation of four major 
losses that occur in the turbine rotor. The four major losses are detailed here: 
i. Incidence loss, Li refers to any loss associated with turning the working fluid from its 
direction of approach to the direction required by the blade passage. Mizumachi et al. [84] 
proposed a mathematical model to calculate incidence loss, Li.  
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For                
 
 
 
In the above equation, b3 and iopt are the blade angle at root mean square radius, r3,rms and the 
optimum incidence angle, respectively. The estimation of the optimum incidence angle, iopt was 
obtained from the equation which is proposed by Chen et al. [47; 48]. The equation was derived 
from the concept of slip factor, m considering the cone angle, g, and the blade angle, b3. The slip 
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factor, m, was defined as the ratio of the actual swirl velocity to the flow that was perfectly 
guided by the blade [47; 85; 86] and it is given as: 
    
     
 
 
               
        
 
 
  
        2-24 
The slip factor, m, correlates the mixed flow turbine cone angle, , and blade angle, b3. The 
optimum incidence angle, iopt, which was suggested by Chen and Baines [48] is given by 
Equation 2-24. 
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ii. Passage loss, LP, is a combination of friction and secondary flow effects in the rotor [50; 
81]. The passage loss is modelled as the function of the average kinetic energy (relative velocity) 
of the turbine inlet and exit and is given in Equation 2.26: 
     
   
                  
  
 
        2-26 
where KP is the passage loss coefficient and must be determined by comparison with the 
experiment results. 
iii. Tip clearance loss, LCl, is caused by the existence of a clearance gap between the rotor 
and the shroud.  The flow is driven by the pressure difference between the suction and pressure 
surface. Kammeyer et al. [86] showed that this effect accounted for as much as 7% of the turbine 
total-to-static efficiency, t-s. In this study, an empirical model that was suggested by Japikse and 
Baines [50] was used and it is shown in Equations 2-27 and 2-28. 
    
 
 
                    2-27 
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where εr is radial clearance, lr is the length of radial clearance and KCl is clearance loss coefficient 
which the value is 1.5 as suggested by Whitfield and Baines [81]. 
iv. Disc friction loss, Ldf is due to the windage in the back face of the turbine rotor. Equation 
2-29 was used to calculate the disc friction loss, Ldf [45].    
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           2-29 
where,  is the fluid dynamic viscosity at station 3.  
Finally, the relative stagnation enthalpy loss is the summation of all the rotor losses: 
                        2-30 
Equation 2-30 is substituted into Equation 2-18 which presents the entropy generation in terms 
of the relative stagnation pressure loss at the turbine exit. The passage loss coefficient, KP was 
calibrated at the peak efficiencies for each turbine speed.   
2.3.4 Model Validation  
Table 2-2 summarizes the total inlet temperature for each turbine speeds that range 
from 50% to 100% of the design maximum speed. The turbine experimental results were for 
the mixed-flow turbine (rotor ‘D’) was acquired by Szymko [77].  
Table 2-2: Testing Operating Condition 
Equivalent Speed (%) Turbine Speed (RPM) Inlet Total Temperature (K) 
50 29461 333 
60 35458 335 
70 41491 337 
80 47559 340 
90 52661 341 
100 59798 343 
Table 2-3: Passage Loss Coefficient, KP 
Equivalent Speed 50% 60% 70% 80% 90% 100% 
Passage Loss Coefficient, KP 0.46 0.35 0.30 0.2 0.18 0.13 
 
The values of the passage loss coefficients, KP obtained from the calibration for each 
turbine speed are given Table 2-3. It is seen that the calibrated passage loss coefficient, KP 
decreases as the turbine speed increases so that the mean-line modelling does not overestimate 
the turbine efficiencies at higher speed.  
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(e) (f) 
Figure 2-7: Comparison of total-to-Static Efficiencies between Modelling and Experimental  
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2.3.5 Result and Discussion 
This section reports the outcome of the mean-line model. The turbine loss correlation was 
model into the mean-line model.  Figures 2-7 (a) to (f) compare the results of the modelling 
against the experimental results for 6 turbine speeds varying from 50% to 100% of the turbine 
design speed. Then, the deviation between the modelled turbine performance and the 
experimental results are presented in the Relative Standard Deviation (RSD) for each turbine 
speeds.  
The figures show that then mean-line model is capable of capturing the trend of the total-
to-static efficiency, t-s curves closely. The predicted turbine efficiencies agree with the test 
results for each turbine speed over the entire range of velocity ratios. The computed peak total-
to-static efficiency, t-s for each turbine speed is only within 0.05 points of the maximum 
measured efficiency. However a significant discrepancy (0.1 points of total-to-static turbine 
efficiency, t-s) was found at 100% equivalent speed in the low velocity ratio, VR region of the 
performance map. 
In order to summarize the overall agreement between the mean-line model prediction 
and the experimental results, the Relative Standard Deviation (RSD) was calculated for each 
turbine speed. This is given in Table 2-4 where, it confirms that the greatest disagreement 
occurs at higher turbine speed.  
 
Table 2-4: Relative Standard Deviation (RSD) of Modelling with Respect to Experimental Value 
Equivalent Speed 50% 60% 70% 80% 90% 100% 
RSD 5.68% 3.23% 1.62% 8.26% 6.78% 11.62% 
 
 
Table 2-5 summarises the experimental uncertainties which in terms of the root sum 
square (RSS) [80]. The table shows that the maximum RSS is calculated at low speed (50%  
RSS= ±0.070). From Table 2-5 it can also be gathered that almost 80% of the overall RSS is due 
to the torque measurements. For instance, at 50%, the RSS due to the torque measurements 
(±0.060) contributes for almost 80% of the overall RSS.    
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Table 2-5:Total and Torque Root Sum Square (RSS) Uncertainty for Experimental Values 
Efficiency [77] 
Equivalent 
Speed 50% 60% 70% 80% 90% 100% 
Total 
RSS 
Highest ±0.070 ±0.054 ±0.042 ±0.034 ±0.028 ±0.024 
Lowest ±0.010 ±0.010 ±0.009 ±0.009 ±0.009 ±0.009 
Torque 
RSS 
Highest ±0.060 ±0.046 ±0.035 ±0.028 ±0.024 ±0.020 
Lowest ±0.002 ±0.002 ±0.001 ±0.002 ±0.002 ±0.002 
 
2.3.6 Summary of the Case Study 
The turbine mean-line model is presented in this section; it included validated loss 
correlations for the steady-state performance. From the conducted case study, the model was 
found to be able to predict the total-to-static efficiency, t-s and it can be integrated into the 
turbine design process, in this way a nondimensional turbine modelling can be developed. The 
turbine mean-line model uses the generalized form of the turbine loss correlation; it will be 
combined with the nondimensional turbine configuration calculation to define the turbine 2-D 
physical geometries based from the given requirements in the following section.  
2.4 LPT Design and Analysis 
This section gives a description of the preliminary design of the low pressure mixed flow 
turbine for electric turbocompounding. In general, the turbomachinery design is started with a 
mean-line model to define its 2-D rotor features.  The preliminary design procedure is intended 
to determine the overall turbine configuration and its performance at design point based from 
the given requirements, off-design analysis will follow. 
Figure 2-8 describes a flow chart for the preliminary LPT design process. The design 
process starts by inputting the requirements: turbine power, turbine speed, pressure ratio, PR 
and inlet stagnation temperature. The cone angle,  for the mixed-flow turbine was also fixed at 
70˚ based on previous designs. The inlet relative angles, 3 and the exit relative flow angles, 4 
were imposed together with initial guess of the total-to-static efficiency, t-s at 0.75 and leading 
edge hub-to-shroud ratio, v value of 0.5. Then, the velocity triangles at the inlet and the exit to 
the rotor were solved. As a result, an inlet and exit turbine geometry can be obtained. 
Nondimensional mass flow rate, θ, at the inlet and exit were calculated subsequently. 
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Correlating the inlet and exit nondimensional mass flow rate, a new hub-to-shroud ratio, v value 
was estimated. The mean-line model was used to calculate the total-to-static efficiency, t-s from 
the obtained initial geometry. The calculated v and t-s were iterated until they were converged. 
Then, the calculations were continued with different values of 3 and 4. Finally, the preliminary 
design modelling will produce a set of design space with possible combinations of 3 and 4. The 
design point was selected by assessing possible geometrical configurations that could give the 
best possible t-s. The 3-D design configurations were defined ensuring radial fibres in the blade 
material with a constant blade camber-line from hub to shroud. The Bezier polynomial method 
was chosen to generate the blade geometry curves. 
2.4.1 Rotor Inlet Design 
     Several combinations of the relative inlet and the exit flow angles were assessed in the 
design process. The correlation of the inlet absolute flow angle, 3 and the inlet relative angle, 3 
was given by Equation 2-31. 
      
     
       
        2-31 
Then, the nondimensional rotor speed  
  
   
  and power ratio, Sw can be determined by using 
Equations 2-31 to 2-34. 
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In the preliminary LPT design process, an approximate initial value for the total-to-static 
turbine efficiency, ht-s of 0.75 was imposed into the calculation of the power ratio, Sw.  
After having set the initial design conditions, the main intention now is to solve the 
velocity triangle at the turbine inlet. From the inlet velocity triangle shown in Figure 2-3, 
Whitfield and Baines [81] have shown that the minimum inlet absolute velocity C3 is detained 
when Equation 2-35 is satisfied.  
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68 
 
 
Figure 2-8: Mean-line Model for Preliminary Rotor Design 
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By keeping the power ratio, Sw constant, several possible inlet relative blade angles, β3 
that range from -30˚ to -40˚ were analyzed. Once the velocity triangles were found, the blade 
loading,   
   
  
 and the flow coefficient,   
   
  
 calculations are collated; the total-to-static 
efficiency, t-s is then obtained from the well established correlation that is given in the Figure 2-
9 [47]. The optimum efficiency region occurs for the flow coefficients in the range of 0.1 to 0.3 
and blade loading coefficients between 0.7 and 1.1. A typical range of flow coefficients for a 
radial rotor is between 0.25 and 0.38 which corresponds to an inlet absolute flow angle, 3 that 
was calculated from Equation 2.32 is in the range of 65˚ to 75˚.  
 
Figure 2-9: Superimposed of the calculated data to the empirical data of blade loading,  and flow 
coefficient, 
 
2.4.2 Rotor Inlet Geometry 
The solution of the inlet velocity triangle gives the preliminary value for the inlet radius at 
the radius mean square of the mixed flow turbine r3,rms. The turbine rotational speed N is fixed 
at 50,000 rpm for the design point giving the blade speed from:  
     
   
  
              2-36 
The turbine inlet area A3 is calculated from the inlet meridional velocity Cm3. The inlet flow 
was assumed to be normal to the mixed flow turbine blade leading edge. Thus, the turbine inlet 
area A3 can be found from continuity: 
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The mass flow rate    is defined from the power ratio Sw of Equation 2-34. Therefore, the 
inlet radius at the hub and shroud can be determined: 
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        2-39 
where γ is the mixed flow turbine cone angle and was set at 70˚. r3,s and r3,h are the inlet radius at 
the shroud and hub.  
The number of blades Zb is determined by using the Glassman’s relation [87], shown in 
Equation 2-41. The calculation of the blade number has shown that the blade number increases 
as the inlet relative flow angle, a3 increases.  
   
 
  
                     2-40 
A preliminary analysis on β3 deduced that a suitable number of blades would fall within 
8 to 12. However it must be taken into account that a higher number of blades would result in 
“blade crowding” at the exit to the rotor. Because of this, the optimum flow coefficient and blade 
loading values was selected at 0.27 and 0.78, respectively. These values correspond to a blade 
number of 9. Once the rotor inlet condition was defined the rotor discharge geometrical 
configuration can then be developed. 
 
Figure 2-10: Relative Flow Angle variation to the Area Ratio and total-to-static Efficiency, t-s 
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2.4.3 Turbine Blade Exit Design 
The turbine discharge is assumed to have no swirl, therefore the exit absolute angle, a4 
is 0. This assumption simplified the exit velocity triangle so that it can be solved in the design 
process. The design of the rotor exit area is determined by correlating the nondimensional mass 
flow rate at the turbine inlet, θ3 and at the exit, θ4 of the rotor. The correlations are given by the 
Equation 2-41 to 2-43.  
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From the Equation 2-43, the unknown parameter is M4 is determined by imposing 
different values of 4 to the exit velocity triangle. The variation of A4/A3 with 4 is shown in 
Figure 2-10. From this figure it can be seen that A4/A3 varies in the range of 0.36 to 0.4 against 
4. The typical value of A4/A3 for a conventional turbine is in the range of 0.75 to 1.1. Table 2-6 
shows a comparative study of conventional turbines and their design values. It is clear that the 
design point for a LPT is outside of the conventional range. The correlation of the inlet and the 
exit turbine geometrical blade is given by Whitfield and Baines [81] and it is given in Equation 
2-44. 
  
      
     
    
      
 
 
       
  
  
        2-44 
Equation 2-44 links the ratio of the blade length to the radius at the turbine inlet to the 
turbine exit ratio. The exit-to-inlet area ratio that is given by Equation 2-42 is substituted into 
the Equation 2-44. 
Table 2-6: Conventional Turbine Area Ratio and Design Efficiency 
 A4/A3 
Design 
Efficiency 
Design 
Speed (rpm) 
PR 
Turbine A: Medium Capacity 0.9 84 % 98,000 1.6 
Turbine B: Smaller Capacity 0.8 72 % 160,000 2.0 
Turbine C: Higher Capacity 1.1 80 % 60,000 2.0 
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From Equation 2-44, it is clear that the choice of the v value not only influences the exit 
geometry, but also the rotor inlet blade span. The value of v is solved iteratively from the 
Equations 2-37 to 2-44. A suitable geometrical configuration is selected as a compromise 
between aerodynamic performance and manufacturability. A larger 4 increases the turbine 
swirl; thus producing higher exit loss. On the other hand, a large exit relative flow angle, 4 
creates a large turning of the fluid flow over a short blade chord that increases the amount of 
secondary flow and contributes to larger entropy generation. Therefore, a larger value of 4 is 
not suitable for the current turbine design due to the smaller operating range and the short 
blade chord length. This can be seen in Figure 2-11 where the variation of 4 is plotted against 
the exit-to-inlet and hub-to-shroud radius ratios. Most of the conventional turbines have the 
exit-to-inlet radius ratio, r4,s/r3,rms greater than 0.7 [81]. Figure 2-11 shows that the exit-to-inlet 
radius ratio (r4,s /r3,rms) increases as the 4 increases.  
Four rotor losses given in Equations 2.22 to 2-30 (refer Section 2.3.3) are applied to 
calculate the total-to-static turbine efficiency, t-s. The calculated total-to-static efficiency, t-s in 
this equation is substituted into Equation 2-34 and it was iterated until it converged. The total-
to-static efficiency, t-s and the exit hub-to-shroud ratio were iterated until the convergence 
values were achieved at 0.0001. 
2.4.4 Geometry Selection 
Figure 2-12 shows the sensitivity of the total-to-static efficiency, t-s with the exit 
relative flow angle, 4. It is apparent that the total-to-static turbine efficiency, t-s increases as 4 
increases. Thus, 4 value should be set as high as possible. However, the selection of exit relative 
flow angle, 4 must consider other parameters such as the hub-to-shroud ratio at the trailing 
edge, v and the inlet-to-exit radius ratio r4,s/r3,rms. Figure 2-11 shows that a bigger 4 acquires a 
larger value of r4,s/r3,rms (> 0.8) which leads to a larger hub diameter and it will increase in the 
inertia of the wheel. In contrast, a smaller value for r4,s/r3,rms (< 0.7) increases the blade height 
and reduces total-to-static efficiency, t-s. Moreover, it causes the blades to be crowded together 
at the hub exit and reduces the exit area, so that the turbine operating range would be limited. 
Therefore, according to the Figure 2-11 and 2-12, the optimum value for the exit relative flow 
angle, 4 should be around -45˚, and r4,s/r3,rms and v should have values of 0.75 and 0.5, 
respectively. The outcome of this section is summarised in Table 2-7. To complete the design, a 
generation of a 3-D LPT geometrical configuration is needed, it will combine the 2-D meridional 
and camberline curvature profiles.  
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Figure 2-11: Relative Flow Angle variation to the r4,s/r3,rms andv 
 
 
Figure 2-12: Relative Flow Angle variation to the Area Ratio and total-to-static efficiency, t-s  
2.4.4.1 The Bezier Polynomial 
The 4th degree Bezier polynomial curve that is shown in Equation 2-45 is used to define seven 
meridional blade profiles starting from the hub up to the shroud for the computed geometrical 
configuration.  
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The Equation 2-45 shows the generalized form of the Bezier polynomial where the u 
corresponds to the point real number on the curve and ranges from 0 to 1.  A0 and A4 gives the 
starting (u = 0) and ending (u = 1) point on the curve. A1, A2 and A3 are the midpoint values of the 
curve.  
Table 2-7: Turbine Configuration and Performance at Design Point 
LPT 
Number of Blades, Z                                                                          9 
Leading Edge Root Mean Square Radius, r3,rms                        42.2 mm 
Trailing Edge Tip Radius, r4                                                        22.7 mm 
Cone angle,                                                                                     20° 
Inlet Blade Angle, bl                                                                    varied 
Rotor blade length, l                                                                   33.5 mm 
Turbine Power, Wact 1 kW 
Turbine Speed, N 50,000 RPM 
Turbine total-to-static efficiency, ht-s 0.645 
Pressure ratio, PR 1.1 
Mass Flow Parameter, MFP 1.505 (kg.K0.5)/bar 
 
 
Figure 2-13: Meridional View 
 
0 
5 
10 
15 
20 
25 
30 
35 
0 10 20 30 40 
R
ad
iu
s,
 r
 (
m
m
) 
Axial Length, z (mm) 
Hub 
Shroud 
Mean 
Low Mean 
Upper Mean 
Low Base 
Upper Base 
75 
 
 
 
 
 
 
 
 
 
 
 
 
2.4.4.2 Camberline Curvature and Blade Angle 
A projection of the camberline curvature from the reference cylinder radius, rref on the blade 
meridional profiles defines the radial fibre element in the mixed-flow turbine where a similar 
cylinder curvature at all the projected radii is created. The 4th degree Bezier Polynomial 
generates a camberline curvature on the leading edge tip radius, r3,s. Generally, the camberline 
curvature is generated in a cylindrical coordinates. Consequently, the leading edge tip radius r3,s 
has become the reference cylindrical radius, rref. The cylindrical coordinate system is described 
in Appendix A. The polynomial equations for the camberline are shown in Equation 2-48 and 2-
49.  
Figure 2-14: Radial-Fibre Turbine 
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Where, z and θ is the axial and tangential cylindrical coordinate position, respectively.  The 
Figure 2-15 shows the camberline curvature at the cylindrical reference radius. It should be 
noticed that, the θ is in tangential angular value and its presentation in Figure 2-15 is projected 
on the meridional view.  
 
 
Figure 2-15: Camberline Angle at reference radius 
Figure 2-15 shows the camber angle, Φ, defined as the angle between the camberline 
and axial direction. On the other hand, the blade angle β is defined as the angle between the 
changes of the hypotenuse blade direction (             ) and axial direction z. Therefore, 
the geometry of the camber angle Φ and blade angle β at any position can be generalized by:  
          
    
  
        2-48 
          
    
            
        2-49 
Equations 2-50 and 2-51 show that when the  r equal to zero that an axial turbomachine is 
obtained. At any radii, the variation of the blade angle is given in Equation 2-52.  
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Figure 2-16 shows the blade angle distribution on each meridional curvature that is 
presented in Figure 2-13. Equation 2-53 gives the incidence angle, i relation.  
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Figure 2-16: Blade Angle β3 Distribution on each Meridional Curvature 
From Figure 2-16 the inlet blade angle βbl at the leading edge is in the range of 37˚ to -
23˚. The positive sign indicates the backward swept blade where the blade angle is in the 
opposite direction of the blade rotation. The blade angle at the leading edge r3,rms is fixed at  
+20˚. Therefore, the preliminary design incidence angle, i is -58˚. Yeo and Baines [89] deduced 
an empirical evidence using a L2F laser Beam velocimeter that the most uniform flow 
distribution for the radial turbine inlet incidence angle, i  is in the range of -40˚ to -20˚. 
Therefore, the secondary flow would be minimized. This incidence angle is not best matched 
with the inlet turbine rotor requirement. The optimization of the incidence angle to minimize 
the flow disturbance at the leading edge will be discussed in the next chapter.  
2.4.4.3 Blade Thickness 
The blade thickness distribution along the meridional profile is a compromised between 
mechanical strength and aerodynamics performance. The blockage factor B which is the ratio of 
the effective turbine inlet area to the total turbine inlet circumferential area provides a guide for 
the blade thickness distribution calculation.  The blockage factor B is calculated from Equation 
2-54 and was kept below 10%. The blade thickness distribution from the shroud to the hub is 
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shown in Figure 2-17. The application of the 4th degree Bezier Polynomial helps to generate a 
smooth blade thickness distribution curvature. The vertical axis shows the normalized radius 
where the value 1.0 and 0 is the location of the thickness at the shroud and the hub of the blade, 
respectively. The maximum thickness is 6.75 mm and the minimum thickness is 1.0 mm. The 
blockage factor B from Equation 2-54 is 0.07. 
    
                        
               
        2-52 
 
Figure 2-17: Blade Thickness Distribution Curvature 
 
Appendix A2 shows the thickness distribution curvature for the leading edge and 
trailing edge.  Appendix A3 illustrates the blade thickness curvature on each meridional profiles. 
The blade thickness defined in the cylindrical coordinates is used the correlation that is given by 
Equation 2-55. 
               2-53 
2.4.5 3-D Blade Configuration  
Finally, the radial fibre mixed-flow LPT blade geometry is completed by combining the 
equidistant suction and pressure profiles (refer to Appendix A3) into 3-D Computer Aided 
Drawing (CAD) SolidWorks drawing. A smooth 3-D turbine rotor curvature is shown in Figure 
2-18. The Solidworks surface-loft function had combined the camber geometries that are shown 
in the Appendix A3 and generated the smooth blade curvature.  Blade thickness is the highest at 
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the hub and reduces towards its shroud. Appendix A4 shows the technical drawing for the 
turbine wheel. 
 
 
2.5 Turbine Manufacturing Process 
The turbine rotor for the low temperature testing is made from aluminium alloy type 
HE30-6082. The turbine rotor for engine testing is made from the nickel-chromium alloy 
(Inconel) type 718 so that it can stand at a higher exhaust gas temperature (1100 K). Figure 2-
19 (a) and (b) show the manufactured turbine rotor for the cold testing and hot testing. The 
Inconel turbine rotor was manufactured using Direct Metal Laser Sintering (DMLS) process. The 
DMLS process produced a ‘raw’ surface approximately 0.25 mm. As a result, it will increase the 
friction loss. Thus, a chemical finishing was acquired to produce a fine surface finishing on the 
LPT rotor. The LPT rotor was coupled with a shaft which is made from a stainless steel type 
EN159. The shaft technical drawing is shown in Appendix A7.  
Figure 2-18: Mixed-flow turbine rotor: 3-D view 
3-D Single Blade From Top View 
3-D Full Blade  
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2.6 Summary 
This chapter describes a development for preliminary LPT design using a mean-line 
model. Before it was applied to design the LPT, the mean-line model was validated against a 
comprehensively tested mixed flow turbine developed by Karamanis [59]. Thereafter, the 
mean-line model was integrated to generate the LPT preliminary design. The model showed the 
exit-to-inlet area ratio, A4/A3 of 0.372 and it was considerably less than conventional turbines 
indicating the novelty of the approach. The LPT geometry at the inlet radius mean square, r3,rms = 
0.03m, exit tip radius, r4t = 0.023 m and exit hub radius, r4,h = 0.01 m were computed from the 
model. The LPT was designed as a mixed flow turbine with the cone angle of 40˚ and contains 9 
blades. The inlet incidence angle, i is +20˚at the inlet radius mean square.   The mean-line model 
computed the LPT preliminary design total-to-static efficiency, t-s of 0.645 at pressure ratio, PR 
of 1.1. The 3-D rotor blade was generated using a radial fibre element as a requirement to avoid 
stresses in the plane of the blade material.  
(a) Turbine Rotor For Low 
Temperature Testing 
(b) Turbine Rotor For Engine 
Testing 
Figure 2-19 (a) and (b): Manufactured Rotor For the Performance Study 
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Chapter 3:  LPT Optimization for Volute Design 
and CFD Analysis 
3.1 Synopsis 
In the beginning of this chapter the optimization of the preliminary LPT design 
performance using a single passage CFD is discussed. The optimized design point is then used to 
design the LPT volute.  Finally, a full stage CFD turbine analysis is modelled to obtain the off-
design performance. The off-design turbine performance characteristics are accomplished for 
speed parameter that ranges from 1206 to 1809 rpm/K0.5 using the CFD analysis and the mean-
line modelling.   
3.2 Introduction 
The main objective of the CFD analysis in the turbomachinery characteristics is to predict 
the turbine performance and subsequently to understand the flow field of the designed turbine. 
The optimization of the preliminary turbine design by employing the CFD analysis during the 
design stage has reduced the design lead time and costs. The CFD turbine analysis can be 
carried out using a single passage and a full turbine model that contains of the volute and rotor 
via commercial CFD software. The three dimensional turbulence fluid flow motion is described 
by using the Reynolds-Averaged Navier-Stokes equations (RANS) in the CFD modelling. The k-  
turbulence model is used in this study to model the Reynolds stresses. Palfreyman and 
Martinez-Botas [63] evaluated a mixed flow turbine using a validated single passage CFD and 
compared with the radial turbine. Later, a validated full turbine CFD model was used to analyse 
the mixed flow turbine flow field under pulsating flow by Palfreyman and Martinez-Botas [64]. 
Copeland et al. [65] also use a validated full turbine CFD model to analyze the entropy 
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generation in a double entry mixed flow turbine. A similar computational method that was 
applied by Palfreyman and Martinez-Botas [63] and Copeland et al. [65] is used throughout this 
computational effort employing the Ansys CFX 12.1.  
3.3 Single Passage CFD for Optimizing Preliminary LPT Design  
The single passage 3-D CFD analysis is employed in the design process to predict the 
initial turbine performance and subsequently optimizes the preliminary LPT design by 
minimising the flow disturbance that enters to the rotor. Several inlet absolute angles, a3 which 
range from 71˚ to 81˚ are investigated in the optimization process. The modification of the inlet 
flow angle changed the inlet velocity triangle (relative flow angle, β3 and the incidence angle, i) 
which therefore affected the turbine performance.  
 
   
3.3.1 Single Passage CFD Computational Set Up for Preliminary Design Point 
The TurboGrid Mesh Generator in the Ansys CFX 12.1 was used to generate the single 
blade passage mesh. The generated mesh elements include the inlet, passage, turbine blade and 
outlet. In this model the volute is not included in the domain of the calculation.  
Inlet Boundary 
Shroud 
Hub 
Figure 3-1: Single Passage Boundary Layout 
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Figure 3-1 shows the boundary condition for the computational domain which is divided 
into 3 hexahedral cells domains; inlet, passage and outlet. The total node and element for 
computational domain is 129,302 and 117,016. Table 3-1 gives element distribution for each 
domain. In order to reduce the computational time, in this calculation, a relatively coarse mesh 
is used; a more refined calculation will be presented later in this chapter.   
Table 3-1: Node and Element Distirbution for Each Domain 
Domain Node Element 
Passage 100,827 91,960 
Inlet 14,725 12,960 
Outlet 13,750 12,096 
Total 129,302 117,016 
Table 3-2: Boundary Condition Input 
 Mass Flow 
Rate 
Meridional 
Velocity 
Tangential 
Component 
Inlet Absoulte 
angle, a3 
Inlet Boundary 0.005547 kg/s -13.641 m/s 64.0694 m/s 71.5˚ 
 
Table 3-3: Comparison of the Design Point Turbine Performance 
Parameters Mean-line Modelling CFD Single Passage 
Pressure ratio, PR 1.1 1.1 
Velocity ratio, VR 0.62 0.64 
Total-to-static efficiency, t-s 0.645 0.625 
Mass Flow Parameter, MFP 1.505 1.386 
Turbine Power Wact 1.0 kW 0.923 kW 
     
3.3.2 Preliminary Design Point Computational Result 
The inlet mass flow rate for the single passage flow is obtained by dividing the design 
point mass flow by the number of blades, 9. The inlet absolute flow direction was fixed at 71.5˚ 
as per the experiments.  The boundary conditions are shown in Table 3-2. The static pressure 
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was fixed at 1.0 bar at the outlet boundary. A constant clearance of 0.25 mm between the rotor 
turbine and the shroud was set, again as per typical radial turbines. The ideal gas was selected 
for the working fluid with the total inlet temperature of 1100 K. Thus, the specific heat at 
constant pressure cp was set at 1533 kJ/(kg.K). The simulation was run for the Root-Mean-
Square (RMS) residual target of 0.0001.  
Table 3-3 summarizes the comparison of the turbine performance obtained from the 
nondimensional design modelling and the single passage CFD analysis. It can be noticed that, 
the turbine performance predicted from the single passage CFD analysis is slightly lower than 
the mean-line modelling.  
 
Figure 3-2: Absolute angle at inlet, 3 sensitivity 
3.3.3 Optimization of the Design Point Performance 
The single passage CFD gave lower than desired total-to-static efficiency, ht-s namely 
0.625. The LPT needs to be optimized by studying the impact of the different inlet flow angles, 
a3. The inlet flow angle a3 is changed from 71.5˚ to 81˚. Figure 3-2 shows the results of the CFD 
analysis where the inlet absolute angle, 3 is plotted against t-s and the mass flow rate,  . The 
mass flow rate at the design point was reduced so that the intended pressure ratio, PR is 
maintained at 1.1. From Figure 3-2, it is clear that the total-to-static efficiency, t-s is 
significantly increased from 62.5 % to 69.3 % when the inlet absolute angle 3 increases from 
71.5˚ to 77˚, then it then remains flat  as a3 is increased beyond the 78˚.  
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The inlet absolute angle, 3 for a conventional turbine is in between 60˚ to 79˚ [81]. A 
higher value of the inlet absolute angle 3 narrows the operating range of the conventional high 
power output turbine.  However, the operating range for the LPT is small, thus a higher inlet 
absolute angle, 3 is acceptable. Figure 3-3 shows the blade-to-blade velocity vectors along the 
mean flow stream of the relative velocity vectors for three different flow angles: 71˚, 77˚ and 
81˚. Additional figures of the flow vector are shown in Appendix B1. It can be noticed from 
Figure 3-3 that the increment of the inlet flow angle, a3 from 71˚ to 81˚ has increased the turbine 
blade loading, ψ which is the ratio between the tangential velocity, Cθ3 and the blade speed, U3 is 
in the range from 0.716 to 1.269. The incidence angle, i for the LPT moves from negative 
incidence (-71˚) to positive incidence angle (+13˚). It can be seen that the more negative the 
incidence angle is, the bigger disturbance in the region A is found. This conditions reduces the 
pressure difference between the suction and pressure surface on the turbine blade and 
penalises the turbine work extraction.  
The turbine work extraction is obtained from the pressure difference between the 
Pressure Surface (PS) and the Suction Surface (SS). Figure 3-3 and Appendix B1 show that the 
increment of the incidence angle has reduced the strength of the inlet relative vector 
recirculation. Figure 3-4 (a) to (c) show the static pressure distribution on the turbine blade on 
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Figure 3-3: Blade-to-blade Visualization of the inlet relative vector  
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the suction and pressure surface at three blade sections for the inlet absolute angles that are 
given in Figure 3-3. A larger pressure difference between the suction and pressure surface leads 
to a greater turbine blade work extraction (Figure 3-4(a)). Despite the increment in the work 
extraction at a higher turbine loading, a bigger separation on the suction surface and the leading 
edge area is observed in the region C and D of the Figure 3-3.   A large separation occurring at 
approximately up to 5% on the leading edge span has reduced the pressure on the PS surface 
thus making the blade ineffective at this region. The leading edge of the turbine blade at all 
blade sections is also ineffective when the flow angle is at 71˚. A large disturbance propagates 
from the leading edge to 0.25 of the blade chord ratio; this is due to the flow separation on the 
suction surface as it can be observed in Figure 3-4 (b). The separation has increased the 
pressure difference which is reduced above the chord region of 0.25. The 71˚ flow angle has 
shown a better pressure difference distribution at the hub which results in a better energy 
extraction in this region.  Figure 3-4 (a) to (c) also show that the energy extraction is much 
bigger at the higher radii (tip) but less at the lower radii (hub). The single passage flow field and 
the turbine total-to-static efficiency, t-s analysis shows that the optimized inlet absolute flow 
angle, 3 should be at 77˚. A compromise between the recirculation of the relative flow vector 
and the turbine blade loading was found at this value. However, prior to the volute design, it is 
worth analyzing the LPT performance at off-design operation using the single passage CFD.   
 
(a) Pressure Distribution on the Blade Mean Section 
94000 
96000 
98000 
100000 
102000 
104000 
106000 
108000 
110000 
112000 
0 0.2 0.4 0.6 0.8 1 1.2 
St
at
ic
  P
re
ss
u
re
, P
a
 
Streamline direction, z/c 
71 Degrees 77 Degrees 81 Degrees 
Pressure Surface 
Suction Surface 
Flow 
Disturbance 
Flow 
Disturbance 
87 
 
 
(b) Pressure Distribution on the Blade Hub Section 
 
 
(c) Pressure Distribution on the Blade Tip Section 
Figure 3-4(a)-(c): Pressure Distribution on the Blade Section 
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Figure 3-5: Single Passage CFD Analysis total-to-static Efficiency, t-s vs pressure ratio, PR 
 
Figure 3-6: Single Passage CFD Analysis of the total-to-static Efficiency, t-s and Incidence angle, i 
vs velocity ratio, VR 
3.3.4 Single Passage Turbine Performance 
The single passage CFD analysis for the off-design steady state LPT performance is 
studied for 4 different speed parameters which are 905 rpm/0.5, 1206 rpm/K0.5, 1508 rpm-0.5 and 
1809 rpm/K0.5. During the computational work, the inlet total temperature and absolute velocity 
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direction was fixed at 1100 K and 77˚, respectively. The variation of the mass flow rates at the 
inlet boundary simulated the turbine off-design operation for the whole range of the tested 
speed parameters. 
The total-to-static efficiency, t-s map is plotted against the pressure ratio, PR and 
velocity ratio, VR as shown in Figure 3-5 and 3-6. From Figure 3-5, it can be seen that the 
turbine performance is higher in the low pressure ratio, PR region whereas it decreases as the 
pressure increases. The single passage CFD analysis predicts the maximum total-to-static 
efficiency, ht-s of 0.74 at pressure ratio, PR = 1.06 and velocity ratio, VR = 0.67 for the speed 
parameter of 1508 rpm/K0.5. For the speed parameter range from 1206 to 1809 rpm/K0.5, the 
peak efficiency is within 0.03 points of the maximum attained efficiency. From the Figure 3-6, it 
is apparent that the optimum incidence angle is approximately -36˚ where the maximum total-
to-static efficiency, t-s is found.  
Figure 3-7 presents the predicted swallowing capacity of the turbine from the single 
passage computational analysis.  . The trend is typical for a radial or mixed-flow turbine stage.  
 
Figure 3-7 :Single Passage CFD Analysis Mass Flow Parameter, MFP vs pressure ratio, PR 
3.4 Volute Design 
The previous section has emphasized the importance of the optimisation of the inlet flow 
angle at the design point to achieve good total-to-static turbine efficiency, t-s. The rotor inlet 
flow angle is determined from the turbine volute alone. The volute collects the exhaust gas 
energy and turns into the kinetic energy into the rotor while still maintaining a high tangential 
velocity. The volute design was carried out by following three steps: (1) identification of general 
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volute geometry, (2) calculation of the volute cross sectional configuration and (3) 3-D 
geometry and CAD modelling.  
 
 
 
3.4.1 General Volute Geometry 
Figure 3-8 shows a schematic diagram of a vaneless volute. The tangential flow 
component, Cθ3 is conserved in the volute scroll and a free vortex arises around the volute [83]. 
Equation 3-1 gives the continuity equation for the volute.  
                       3-1 
Around the volute, the mass flow across the azimuth is uniformly distributed and a small 
amount of flow recirculates around the volute of the tongue of the volute (see location in Figure 
3-8). Whitfield and Mohd Noor [88] suggests the mass flow recirculation ratio,       to fall in a 
range of 0 to 0.05. Then, the recirculation ratio that is given by Equation 3-2 is substituted into 
the free vortex equation (refer to Equation 2-19) and 3-1 to find the volute cross sectional area,  
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Figure 3-8: Schematic Diagram For a Vaneless Volute 
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where (A/r)ψ is the volute area ratio which decreases linearly with the azimuth angle ψ. The 
rotor inlet flow angle, a3 that depends on the selection of the volute inlet area is given in 
Equation 3-3.  
         
  
  
  
     
     
         3-3 
 
Figure 3-9: AΨ/r distribution across the volute azimuth angle 
In the LPT volute design, a value of 0.04 for the recirculation factor was found to be 
suitable. Figure 3-9 shows the area ratio distribution across the volute azimuth that was 
calculated from the Equation 3-2.   
 
3.4.2 Volute Geometrical Configuration 
The volute cross sectional area and centroid radius, r2,ψ are derived from the 
establishment of the area ratio distribution that is given in Equation 3-2. The free vortex 
(Equation 2-21) is expanded to define the centroid radius, r2,ψ of any cross sectional volute area 
along the azimuth by calculating the centroid flow angle, a2,ψ. Equation 3-4 gives the ratio of the 
centroid radius, r2,ψ to the turbine radius, r2.    
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The centroid flow angle, a2,ψ was calculated by modifying Equation 3-3. The nondimensional 
flow rate at any azimuth angle can be defined as: 
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              3-5 
where the Mach number at volute centroid along the azimuth angle, M2,Ψ is obtained from 
Equation 3-4. Then, the volute inlet area ratio between each volute cross sectional area is given 
by the Equation 3-6: 
     
  
 
     
  
      
   
        3-6 
By substituting Equation 3-5 into 3-6, the turbine cross sectional area ratio equation is 
expanded into Equation 3-7. 
  
     
  
 
                 
           
 
   
      
 
      
 
   
      
 
   
 
 
         
         
      
   
    3-7 
The Equations 3-2 to 3-7 are iteratively solved. The estimated nondimensional volute 
configurations are shown in Appendix B2. 
 
    
3.4.3 3-D Geometry and CAD Modelling 
A radial or mixed-flow turbine, an inclined volute cross section can be employed to 
optimise the flow inlet to the rotor. However, it is worth noting that the volute cross section 
could not be designed following a conventional curved profile section due to presence of the 
electric generator. Hence a trapezoidal volute cross-section with a straight back was chosen and 
applied to the current design that is presented in Figure 3-10. The volute over-hang angle, ξ is 
fixed at 15˚. The volute cross sectional centroid location for the trapezoidal area is calculated so 
Mixed-flow 
turbine blade 
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Scroll  angle, ξ 
Rotation Axis 
r2, 
Volute Cross 
Sectional Area 
Volute Shroud 
Section 
Figure 3-10: Volute Cross Section 
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that the radius around the azimuth angle, r2,ψ can be obtained. The results are presented in 
Figure 3-11 where the distribution of the r2,ψ is shown on the primary vertical axis and the 
secondary axis represents the volute cross sectional area.                 
 
Figure 3-11: Centroid Radius and Cross Sectional Area of the LPT Volute 
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A 3-D Computer Aided Design (CAD) drawing was used to generate the turbine volute 
drawing by lofting the six volute geometry cross sectional profiles. The tip clearance between 
the volute shroud and the rotor is 0.25 mm . Two turbine volutes were manufactured using 
investment casting and used for cold-flow and engine testing. Figure 3-12 shows the 3-D cut-
through drawing and the manufactured LPT volute. Appendix B3 shows technical drawings for 
the LPT volute. 
3.4.4 Steady State Performance Prediction from the Mean-line Loss Model 
The volute geometrical area ratio A/R obtained from the optimized inlet absolute angle, 
a3 is used for estimating the off-design performance from the mean-line model. The loss 
coefficients that are applied for the loss model are given in Table 3-4. The mean-line model 
predicts the LPT off-design performance at 3 different speed parameters, 1206 rpm/K0.5, 1508 
rpm/K0.5 and 1809 rpm/K0.5. The turbine inlet temperature and the exit static pressure was fixed 
at 1100 K and 1.0 bar, respectively. The blade angle at the inlet radius means square, r3,rms was 
fixed at +20˚.  
Table 3-4: Loss Model Coefficients Applied For Off Design Performance  
Type of Loss Coefficient 
Total Pressure Volute Loss, KPL 0.05 
Volute Swirl, S 0.95 
Passage Loss, KP 0.1 
Clearance Loss, KCL 0.75 
Clearance Mass Flow Ratio 0.4 
Radial Clearance, lr 0.25 mm 
 
Figure 3-13 and 3-14 show the total-to-static efficiency, t-s curves plotted against the 
velocity ratio, VR and the pressure ratio, PR respectively. The performance design point is 
highlighted in the round filled point. It can be noticed that the maximum predicted total-to-
static efficiency, t-s is not located at the design point. The maximum total-to-static efficiency, t-s 
is higher than the design point which is approximately 0.75 at a velocity ratio, VR = 0.66 and a 
pressure ratio, PR value of 1.08 at the speed parameter of 1206 rpm/K0.5. The peak efficiency of 
each speed parameter is within 0.03 points of the maximum efficiency value.        
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Figure 3-13: Total-to-static Efficiency, t-s and Incidence Angle i, vs velocity ratio, VR 
 
Figure 3-14: Total-to-static Efficiency, t-s vs pressure ratio, PR 
Figure 3-13 also shows the correlation of the turbine total-to-static efficiency, t-s with 
the incidence angle, i that is shown on the secondary vertical axis on the right hand side of the 
figure. A positive incidence angle indicates a higher blade loading at the rotor inlet, leading to a 
larger expansion ratio. On the other hand, as the incidence angle moves in the negative direction 
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the turbine total-to-static efficiency, t-s increases. From Figure 3-13, the maximum turbine 
total-to-static efficiency, t-s dictates the incidence angle, i at -25˚.   
 
Figure 3-15: Mass Flow Parameter, MFP vs pressure ratio, PR 
Figure 3-15 shows the predicted Mass Flow Parameter, MFP; it follows closely to the 
trend of the conventional radial turbine. From the Figure 3-15, it can be seen clearly that the 
Mass Flow Parameter, MFP increases with pressure ratio, PR until it reaches an asymptotic limit 
which indicates that the turbine has choked. 
3.5 Full Turbine CFD Modelling 
The full turbine CFD analysis is modelled by integrating three volute domains: volute, 
rotor and diffuser. The volute scroll is divided into three sub-domains and the volute meshing 
generation is executed using the ANSYS ICEM CFD meshing software.  All the sections are 
meshed separately and combined together in CFX Pre. Table 3-5 shows the number of nodes 
and elements for each domain. The total computational nodes and elements are 1 million and 
930,000, respectively. In order to ensure good flow resolution, the meshing elements were 
highly concentrated at the rotor domain. The integration of the computational domains is 
presented in the Figure 3-16.  
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Table 3-5: Meshing nodes and elements values for full-stage performance study 
Domain Nodes Elements 
All Domain 1,027,088 930,316 
Rotor 820,116 747,900 
Volute 73,342 64,480 
Diffuser 133,650 117,936 
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Figure 3-16: Full-stage Computational Domain Meshing 
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3.5.1 Boundary Conditions 
The full-stage turbine computational turbine domains are loaded into the CFX-Pre for setting 
up the boundary conditions, domains interface fluid material, computational modelling and 
simulation control. The off-design performance was simulated for pressure ratios ranging from 
1.04 to 1.35 by varying the inlet mass flow rate. The simulation was performed at three different 
operational speeds, 40,000 rpm, 50,000 rpm and 60,000 rpm that equals to the speed 
parameter of 1206 rpm/K0.5, 1507 rpm/K0.5 and 1809 rpm/K0.5. The total inlet temperature was 
fixed at 1100 K. The specific heat at constant pressure was assumed to be equal to the hot gas 
condition where the cp value of 1.533 kJ/kg was applied. An opening flow boundary condition 
was imposed at the volute exit where the average opening static pressure and ambient 
temperature were applied (Pexit=100 kPa and Tamb=298.15 K)  
3.5.2 Computational Analysis of the Full Turbine Performance  
Figures 3-17 and 3-18 show the total-to-static efficiency, t-s as the velocity ratio, VR and 
the pressure ratio, PR are varied. The maximum predicted efficiency from the full turbine 
computational analysis is approximately 0.77 at velocity ratio, VR = 0.7 corresponds to a PR 
=1.08 at the speed parameter of 1507 rpm/K0.5. The peak efficiency for each speed parameters 
are within 0.02 points of the maximum efficiency. The LPT has high turbine efficiencies for 
lower pressure ratios region as per the design objective.  
 
Figure 3-17 : Total-to-static Efficiency, t-s vs velocity ratio, VR 
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Figure 3-19 shows the Mass Flow Parameter, MFP. It can be seen that the flow capacity shows a 
trend which is in good agreement with other radial turbines for which the Mass Flow 
Parameter, MFP decreases as the rotational speed increases. 
 
Figure 3-18: Total-to-static Efficiency, t-s vs pressure ratio, PR 
 
 
Figure 3-19: Mass Flow Parameter, MFP vs pressure ratio, PR 
 
0.30 
0.35 
0.40 
0.45 
0.50 
0.55 
0.60 
0.65 
0.70 
0.75 
0.80 
1.00 1.05 1.10 1.15 1.20 1.25 1.30 1.35 
To
ta
l-
to
-s
ta
ti
c 
Ef
fi
ci
e
n
cy
, 
h
T
-s
 
Pressure Ratio, PR 
1206 rpm/K^0.5 
1809 rpm/K^0.5 
1507 rpm/K^0.5 
0.00 
0.20 
0.40 
0.60 
0.80 
1.00 
1.20 
1.40 
1.60 
1.80 
1.00 1.05 1.10 1.15 1.20 1.25 1.30 1.35 
M
as
s 
Fl
o
w
 P
ar
am
e
te
r,
 M
FP
 
Pressure Ratio, PR 
1809 rpm/K^0.5 
1507 rpm/K^0.5 
100 
 
 
Table 3-6 compares the LPT performance at the design point and the peak efficiency point. 
Table 3-6: Turbine Characteristics at Design Point and Peak Efficiency 
Characteristics Design Point Peak Efficiency 
Pressure ratio, PR 1.118 1.092 
Velocity ratio, VR 0.620 0.675 
Total-to-static efficiency, ηt-s 0.712 0.736 
Mass Flow Parameter, MFP 1.282 1.116 
3.5.3 Velocity and Mach number Distribution 
Figure 3-20 shows the flow velocity vector and the Mach number contour of the LPT 
volute at the design point and maximum efficiency condition. Rotor sections are labelled 1 to 9 
and Pressure Surface and Suction Surface are named as PS and SS. From the volute inlet, the 
flow accelerates uniformly until the volute tongue. The influence of the re-entrance volute 
stream starts from approximately 30˚ before the volute tongue to approximately 30˚ after the 
volute tongue. Therefore, the approximation of the free vortex assumption is invalid in this 
region. Whitfield and Mohd Noor [58] measured the internal flow field in the single entry 
vaneless volute using laser anemometry. In the study it is apparent that the free vortex equation 
only valid over the first 180˚ of the volute azimuth angle but at the later part of the volute, it is 
deteriorated. A validated volute internal flow analysis done by Simpson et al. [67] using full CFD 
turbine model supports the experimental results obtained Whitfield and Mohd Noor [58]. 
Simpson et al. [67] shows that as the volute passage is narrows in the second half of the volute a 
significant increase in wall friction is experienced. 
This friction increases total pressure loss between the volute inlet and the rotor inlet. As 
mentioned earlier, the mean-line modelling volute total pressure, KPL coefficient is calibrated 
against the experimental value. The correlation given in Equation 2-18 is used in this analysis. 
Figure 3-21 presents the computational circumferential distribution of the volute total pressure 
loss coefficient , KPL and the flow velocity that are sampled at the centroid line of the cross 
sectional LPT volute. The averaged stator loss coefficient around the azimuth of the volute is 
approximately 0.0228. In general, the highest level of the stator loss occurs at the zero azimuth 
angles where the mixing of the incoming flow is occurred. The volute loss coefficient, KPL is 
decreased around the circumferential direction and it does not increase over the last section as 
one might expect.  
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Figure 3-20: Volute Flow Mach Number Contour and Velocity Vector 
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Simpson et al. [67] deduced a similar trend where the volute total pressure loss, KPL does 
not increase over last section of the volute. The volute flow velocity is rapidly increased over the 
latter part of the volute section but the static pressure does not decrease much as more air flows 
into the rotor. As a result, the total pressure over the last quarter of the volute section is higher 
than the turbine inlet total pressure and the stator loss coefficient becomes negative. A similar 
trend of the volute total pressure loss coefficient KL and flow velocity is shown by the turbine 
peak efficiency flow characteristics computational analysis. The averaged volute total pressure 
loss, KPL is approximately 0.0226 which is slightly less from the design point. The volute total 
pressure loss coefficient is also found to be zero near the azimuth angle 200˚. 
  
Figure 3-21: Circumfrential Distribution of Volute Total Pressure Loss and Flow Velocity at the 
centroid of the Volute for Design Point 
The loss production in the flow field can be highlighted by the rates of entropy 
generation per unit volume per unit time. The equation for entropy generation rate, taking into 
account the turbulent fluctuation is provided by Moore and Moore [90] and is presented in 
Equation 3-8: 
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This equation is also used by Copeland et al. [66] and it is based on a few underlying 
assumptions that the effect of turbulent pressure and that gradients of density in the flow 
direction are negligible. The rate of production of turbulent kinetic energy is also assumed to be 
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equal to the rate of its dissipation to produce entropy, and similarly, the rate of production of 
temperature fluctuations is assumed to be equal to their rate of dissipation. In this thesis, the 
turbine is assumed to be an adiabatic turbine thus the first term on the right hand side of 
Equation 3-8 goes to zero, and the entropy generation rate has a one-to-one relationship with 
the components of velocity gradient.  
 
Figure 3-22: Circumfrential Distribution of Stator Loss and Flow Velocity at the centroid of the 
Volute for the Peak total-to-static efficiency, t-s  
Figure 3-23 compares the computational analysis of the entropy generation rate for the 
design point and the peak efficiency point. The figure also depicts that the entropy generation is 
the largest at the flow recirculation region where the lower velocity volute inlet flow and the 
high velocity flow emerging from under the volute tongue is mixed. The impact of the flow 
recirculation does not extend any further than an azimuth angle of around 30˚. In general, the 
flow disturbance on the leading edge gives the entropy rate generation for both the design point 
and the peak efficiency point that is shown in the Figure 3-24. A large formation of the velocity 
components gradient from the unmatched flow at the rotor blade leading edge increases the 
incidence loss at the design point condition. As a result, Figure 3-24 (a) depicts a large entropy 
generation rate at the rotor inlet.  The flow enters to the blade passage with a minimum 
disturbance when the inlet relative angle, β3 at the rotor inlet is matched to the rotor blade 
angle. Therefore, the velocity components gradient is reduced minimizing the entropy rate 
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generation at the rotor inlet. As a result, the turbine total-to-static efficiency, t-s is increased by 
0.022 point. 
 
 
 
(a) Entropy Rate Generates in the volute at design point 
(b) Entropy Rate Generates in the volute at peak efficiency 
Figure 3-23: Entropy Rate Generate in the volute at (a) Design Point and (b) Peak Efficiency 
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The centroid absolute flow angle around the circumferential direction a2,ψ was 
estimated from the meridional velocity, Cm3 with the absolute flow velocity, C3. The estimated 
absolute angle from the full turbine CFD model is compared to the calculated value from the 
non-dimensional volute design. Figure 3-24 shows the comparison. It is noted that the absolute 
flow angle, a2,ψ estimated from the full model CFD is increased gradually, reaches a maximum 
point at an azimuth angle of 220˚ and then; decreases over the remainder of the volute section. 
The absolute flow angle at the inlet of the turbine (ψ=0˚) is shown to be approximately at 77.5˚at 
the peak total-to-static turbine efficiency, t-s; this is accordance with the magnitude of 77˚ 
derived from the volute design. The absolute flow angle is above 82˚ over an azimuth angle 
range of 120-300˚. Thus, the flow is highly tangential in this range. The volute design procedure 
assumes a uniform flow distribution around the volute.  
 
Figure 3-24: Centroid Flow Angle, 2 Distribution  
In order to study the incidence angle distribution at the rotor inlet, three lines are drawn 
in the rotor domain to illustrate the hub, mean and tip of the leading edge. Figure 3-25 
illustrates all the drawn lines. They are offset approximately 0.5 mm from the rotor leading 
edge. Figure 3-26 and 3-27 show the result of the incidence angle distributions that were 
obtained for the illustrated lines. The estimated incidence angle, i from the full turbine CFD 
model is shown in Figure 3-26 for three positions. It is seen that an upstream flow influence of 
the relative flow near to the blade section has increased the incidence angle nearly to 90˚. The 
incidence flow angle is improved at the middle of the rotor passage and it is highlighted by the 
scattered points. It is also noted that the incidence angle at the mean section is higher than the 
hub and the tip section. Similarly the incidence angle, i distribution for the peak efficiency point 
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is presented in Figure 3-27. At the mean section it is observed that the incidence angle, i is in 
positive direction for the first half of the volute and in the negative direction for the remaining 
of the volute section. 
 
 
 
Figure 3-26: Incidence Angle Along Circumferential Distribution at Design Point 
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Figure 3-25: Polyline at Rotor Inlet Sections 
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Figure 3-27: Incidence Angle Distribution at Peak total-to-static efficiency, t-s  
 
3.6 Refined Mesh Single Passage CFD 
The similar single passage meshing and CFX Pre-process set up that are discussed in 
section 3.2 were applied to study the flow field and the steady state turbine performance. The 
generated meshing elements value can be referred to Table 3-7. The turbine performance 
obtained for the design point using a refined mesh is summarized in Table 3-8.  for the turbine 
performance. The computational domain was divided into three hexahedral cells domain which 
are; (1) inlet, (2) passage and (3) outlet. The total meshing elements for the flow field analysis is 
1,172,688 and 117,016 for the turbine performance analysis. The flow filed analysis has a fined 
meshing so that all the generated vorticity that produce entropy generation could be extracted. 
ANSYS CFX makes use of a scalable wall function which limits the y+ which is the non-
dimensional distance from the wall to the nodes values used in the logarithmic formulation to 
11.06 (intersection between the logarithmic region and the buffer region of the turbulent 
boundary layer). This ensured that all mesh points which were outside the viscous sub-layers 
and all fine mesh inconsistencies were avoided as suggested by ANSYS [91]. Finally, the root 
mean square (RMS) residual value and maximum iteration steps for the solver control variables 
of the single passage flow field analysis were set to 0.00001 and 1000 iterations, respectively.  
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Table 3-7: Meshing nodes and elements values for single passage flow field study 
Domain Nodes Elements 
All Domain 1,228,306 1,172,688 
Passage 1,072,221 1,028,544 
Inlet 71,497 68,520 
Outlet 84,588 78,624 
 
Table 3-8: Design Point Turbine Perfromance Computed using Refined Mesh 
Characteristics Performance 
Pressure ratio, PR 1.142 
Velocity ratio, VR 0.544 
Total-to-static efficiency, ηt-s 0.721 
Mass Flow Parameter, MFP 1.193 
 
3.6.1 Boundary Condition 
The boundary conditions set up for the study of the flow field and the steady state 
turbine performance were similar. The flow field study was analyzed at the design point.  The 
meshing for the refined single passage flow field analysis is shown in Figure 3-28. 
3.6.2 Vorticity 
The insight of the fluid dynamics such as the vorticity that contributes to the entropy 
generation and the blade loading along the turbine blade span at the design point is the main 
objective of the flow filed analysis. The vorticity and entropy generation were captured with the 
application of this single passage refined mesh calculation. 
The curl of the velocity, namely vorticity is a useful tool to visualise a highly distorted 
region in a particular flow field. Figures 3-29 (a) to (e) show the vorticity plot inside the rotor 
passage for different stream-wise locations. The contours are oriented such that the observer is 
looking downstream towards the trailing edge. The shroud is located at the top and the hub is 
located at the bottom. The pressure surface (PS) is located at the right of the plot whereas the 
suction surface (SS) is at the left as indicated explicitly in the Figure 3-29 (a). Rotation of the 
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rotor is in the clockwise direction. The following discussion is done referring to five counter 
cross section locations which are leading edge, 20% chord span, 40% chord span, 80% chord 
span and trailing edge. The chord span is defined as the length of the turbine blade. Also, pitch is 
referred as angle between Suction Surface (SS) and Pressure Surface (PS).   
 
Figure 3-28: Single-stage meshing 
 
Leading Edge: The high value of vorticity at the leading edge can be seen clearly at the suction 
surface and the shroud region. Movement of the secondary flows up until approximately 80% 
span is from suction surface to pressure surface and the rest are moving from pressure to 
suction surface, creating counter clockwise direction across the plane. This counter clockwise 
movement is partly due to the Coriolis effects and the relative motion of the blade to the static 
wall. The localized vorticity in the vicinity of the suction surface is due to the flow impacting on 
this particular region since the blade is designed to have negative incidence across the leading 
edge span.  
 
20% Chord: The localized region of vorticity continues to detach from suction surface and the 
intensity is now more pronounced towards the shroud. The Figure 3-29(b) clearly shows that 
there are two regions of high vorticity located next to each other. The vorticity region on the 
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suction surface is believed to exist because of the tip leakage (feature A) where the other one 
(feature B) exist due to relative motion of the rotor and fixed shroud. 
The secondary flow movement develops two regions of relatively large vortex structure 
as it evolves from the previous plane. One is located at the hub close to the pressure surface due 
to the high degree of turning in the meridional direction while the other one developed at the 
shroud close to the suction surface most probably due to interaction with the tip leakage flow. 
The existence of these vortices leads to additional radial velocity inside the flow passage which 
then continues to suppress the localized vorticity at the suction surface closer to the shroud and 
at the same time to detach any vorticity region from the suction surface. These vortices also 
cause one more horseshoe shape localized vorticity region (feature C) that develops near the 
pressure surface hub to migrate further to the suction surface. 
 
40% Chord: In the Figure 3-29(c), the secondary flow field continues to suppress the localized 
vorticity region close to the shroud and move them further up to 15% pitch. The high vorticity 
that has developed due to the relative motion of the wall (feature B) seems to migrate further in 
pitch-wise direction as compared to the one that existed due to tip leakage (feature A). 
Another horseshoe shaped vorticity that was initially on its own at 20% chord close to 
pressure surface hub, has combined with the bigger vortex close to the suction surface and 
centred at 15% pitch at the shroud in this stream-wise plane. 
 
80% Chord: In the Figure 3-29(d), the movement of secondary flow is still predominately in the 
tangential direction which is from pressure to suction surface. The region of high vorticity has 
moved further to the centre of the passage but is still constrained near to the shroud wall. 
Moreover, the localized vorticity has migrated downward to 70% span, in the centre of the 
passage (feature C) 
 
Trailing Edge: As can be seen in Figure 3-29(e), the relative flow velocity exited the turbine 
with a high tangential velocity and the radial component can be neglected. The localized 
vorticity near the shroud that is caused by the relative motion of the shroud wall (feature B) has 
migrated further towards the pressure surface where the vorticity created by tip leakage 
(feature A) stays in the middle of the passage close to the shroud. The localized velocity finally 
stays at 70% span but moves further towards the pressure surface (feature C). 
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(a) Leading Edge 
 
 (b) 20% Chord 
 
(c) 40% Chord 
 
(d) 80% Chord 
 
 (e) Trailing Edge 
Figure 3-29 (a) – (e):  Vorticity contour plot 
3.6.3 Entropy Generation Contour 
     The loss production in the flow field can be highlighted by the rates of entropy generation 
per unit volume per unit time. The equation for entropy generation rate is given in Equation 3-8. 
Figure 3-30 shows the contour plot of each component of velocity gradient at 40% chord 
showing that most of the entropy generation in the rotor passage originates at the tip clearance 
region.  
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Figure 3-30 : Velocity gradient at 40% Chord contour plot 
From Figures 3-31 (a) to (e) it is shown that a high entropy generation region localises in the 
presence of blade surface and develops towards the hub at the pressure surface at the leading 
edge. This is probably due to the rapid acceleration and deceleration of the flow impacting the 
leading edge. Starting from 20% chord to the trailing edge, the relative motion of rotor and 
stationary shroud has become another main contributor to the high entropy generation region 
and is located next to the tip leakage high loss region.  
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 (a) Leading Edge 
 
 (b) 20% Chord 
 
 (c) 40% Chord 
 
 (d) 80% Chord 
 
 (e) Trailing Edge 
Figure 3-31 (a) – (e) : Entropy Generation contour plot 
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From 20% to 60% chord, the entropy generation concentrates on the suction surface 
rather than to the pressure surface. This is possibly caused by the acceleration of the relative 
flow that increases the velocity gradient and rapid increment of wall shear stress on the suction 
surface as compared to the pressure surface. However, as the flow moves further downstream, 
the region of localized entropy generation floats away from suction surface towards the passage 
centre. On the other hand, it is believed that the stream-wise plane at the trailing edge in Figure 
3-31(e) indicates a high entropy generation region at the pressure surface that covers the whole 
span (feature A) due to wakes that develop on the pressure surface in the inducer section. 
 
3.6.4 Blade Loading 
      In Figure 3-32 the blade loading is represented for different blades-spans and it is 
obtained by normalizing the local static pressure, Pl with the total inlet pressure, P01 at different 
locations along the blade chord. The figures show that the blade loading ranges from 0.84 to 
0.96; such a small pressure difference between the PS and SS in the newly designed turbine is 
expected since it is designed to operate in such a small pressure ratio, PR.  
 
 
Figure 3-32 : Blade loading at various blade spans along the chord 
 
In the region close to the hub (5% span), the flow separation can be clearly seen at the 
suction surface (around 20% chord) as indicated by sudden increment in the blade loading. This 
condition is best visualized by plotting the relative velocity on the meridional plane as shown in 
0.8 
0.82 
0.84 
0.86 
0.88 
0.9 
0.92 
0.94 
0.96 
0.98 
0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1 
P
1/
P
0
1 
Chord Ratio 
5% span 50% Span 90 % Span 
115 
 
Figure 3-33(a) to (c). From these figures it can be seen that the separation only occurs at the 
suction surface of the blade (green circle) while on the pressure surface and at 50% pitch such a 
trend does not occur. A possible explanation for such behaviour  at the hub of the turbine could 
be the sharp turning in the meridional direction; such a trend was also reported by Palfreyman 
and Martinez-Botas [80].      
 
  
 (a) Pressure Surface    (b) 50% Pitch 
       
 
3.7 Summary 
In this chapter, the turbine total-to-static efficiency, t-s design point was optimised from 
the preliminary design value of 0.625 to 0.695 by changing design point inlet absolute angle, a3 
from 71˚ to 77˚. Then the turbine volute and the mean-line model off-design turbine 
performance were established from the optimized inlet absolute angle, a3. Also the single 
passage and full turbine CFD model were used to predict off-design performance for the LPT 
speed parameter ranges from 1206 to 1809 rpm/K0.5. The predicted results from the mean-line 
model and CFD analysis were consistently demonstrated the LPT has a higher performance at 
Separation 
region 
(c) Suction Surface 
Figure 3-33 (a) – (c): Meridional Flow 
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the lower pressure ratios region ranges from 1.05 to 1.25. The maximum total-to-static 
efficiency, t-s of 0.769 is at velocity ratio, VR ≈ 0.71 for the speed parameter of 1507 rpm/K0.5 
was predicted from the full turbine CFD model.  The predicted Mass Flow Parameter, MFP from 
the mean-line modelling and the CFD analysis showed a typical trend for a mixed flow turbine. 
The demonstrated turbine operating pressure ratios is in the range of 1.04 to 1.3 with a lower 
swallowing capacity where the maximum Mass Flow Parameter, MFP of 1.9 kg.K0.5/bar was 
predicted at the speed parameter of 1206 rpm/K0.5 from the mean-line modelling. The choke 
pressure ratio, PR was predicted at 1.3. The full turbine flow field analysis showed that the Mach 
number increases as the volute azimuth angle increases. A significant entropy generation occurs 
at the tip. However, the main turbine loss is the passage loss since the area of the main passage 
is much bigger than the tip clearance area and so is the entropy generated.  
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Chapter 4:  Steady-State LPT Testing 
4.1 Synopsis 
The experimental results obtained for the LPT is discussed in this chapter. The LPT 
steady-state performance is presented for 5 speed parameters ranging from 1206 rpm/K0.5 to 
1809 rpm/K0.5. An uncertainty analysis for each turbine parameters is then presented. Finally, a 
comparison of the turbine performance predicted from single passage CFD, full turbine CFD, 
mean-line modelling and testing is discussed. 
4.2 Test facility 
The layout and main components of the test facility are illustrated in Figure 4-1. The 
facility consists of a compressed air supply, an electrical heater, a pulse generator, an 
instrumented volume and an eddy current dynamometer. Each of these components is 
monitored and controlled through a semi-automated control system and are described in the 
following sections. 
The test-rig is supplied by three screw-type compressors, capable to deliver up to 1 kg/s 
compressed air at maximum pressure of 5 bar (absolute). The air is filtered through a three-
stage cyclone and paper filter system. Downstream of the filter system, there is a motorised 
valve, computer controlled from outside the test-cell for regulating the mass flow rate of air into 
the turbine. The heaters are regulated by West 4200 PID controller linked to a local 
thermocouple, where the user-specified flow temperature (330K – 345K) is maintained 
throughout the testing period. Downstream of the heater stacks, the airflow is branched into 
two 3” diameter pipes. These pipes are called ‘inner’ and ‘outer’ limb, referring to its relative 
position shown in Figure 4-1. The mass flow rate for each limb is measured using the 
McCrometer V-Cone Flowmeter.  
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The flow from each limb passes through a rotary air pulse generator, which consists of 
two rotating chopper plates (refer to Chapter 5). During the steady flow testing, the chopper 
plate is not operated. At 800 mm downstream of the pulse generator, the warm airflow is 
monitored through an instrumented test-section, called the ‘measurement plane’, which is 
instrumented with static pressure tappings and thermocouples in both the inner and outer limb. 
After the ‘measurement plane’ the warm airflow goes through the connecting duct and into the 
turbine stage. The turbine is coupled to the eddy current dynamometer with maximum power 
absorption of 60 kW. The eddy current dynamometer consists of a magnetic rotor (on the same 
shaft with the turbine) rotating between two stator plates. The stator plates absorb the power 
by heat dissipation. Due to the high temperatures of the plates achieved during testing, the 
plates are then cooled by a high flow rate of water. The torque is directly measured with a low 
capacity single point 600g load cell whereas an optical speed sensor is used for the speed 
measurement. During testing the turbine is loaded by changing the gap between the stator 
plates and the magnetic rotor. By sweeping the whole range of available gaps (0.2mm to 10mm) 
it is therefore possible to obtain wide performance maps of the turbine.  
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Figure 4-1: Turbocharger Test-rig Layout 
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Table 4-1: Measured Air Flow Physical Properties 
Physical Properties Nomenclature Unit 
Ambient Pressure Pa kPa 
Ambient Temperature Ta K 
V-Cone Differential Pressure dP kPa 
Turbine Inlet Static Pressure Ps kPa 
Turbine Inlet Static Temperature Ts kPa 
Turbine Speed N RPM 
Turbine Torque  N.m 
 
4.3 Testing Instrumentation 
The turbine performance parameters are calculated by measuring the quantities that 
are listed in Table 4-1. Each instrument used for the steady-state testing is detailed out in the 
following sections.    
4.3.1 Air Mass Flow Rate 
The mass flow rate for the steady flow testing is measured by using the McCrometer V-
Cone Flowmeter located downstream of the inner and outer limb valves. The V-Cone is a 
differential pressure type mass flow measurement. Figure 4-2 shows the schematic diagram of 
the V-Cone provided by McCrometer [92].  
Siemens differential pressure transmitter is used to measure the pressure difference from the 
V-Cone. The mass flow rate is calculated according to the McCrometer standard guide procedure 
[92] and is given as: 
Figure 4-2: McCrometer V-Cone Flowmeter [92] 
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Prior to the testing, the differential pressure transmitters were calibrated on both inner and 
outer limb pipe by using a commercial pressure calibration unit, Druck DPI 610.  
Before testing, any leakage occurring within the rig is monitored by blocking the inner 
and outer limb pipes with a sealed duct-end. The system is then filled with air until the pressure 
reaches 3.5 bar after which the main air flow valve was closed and the mass flow and pressure 
was continuously recorded until all the piping system emptied. A leakage correlation was 
derived by plotting the mass flow vs. time and this was used to correct the mass flow rate 
measured during the testing which is approximately 2.5% of the total mass flow rate. 
4.3.2 Pressure 
The pressure under steady state testing was measured using static pressure tapping at 
the measurement plane for both inner and outer limb. Portex tube with internal diameter of 2 
mm connects the tapping to a rotary-switch pneumatic selector, Scanivalve. The Scanivalve has 
two strain gauge pressure transducers for low and high pressure measurements. The low gauge 
pressure measurement uses Druck PDCR 22 type pressure transducers at the range of ±0.35 bar 
with the uncertainty of ±0.008% or ±36 Pa. The higher gauge pressure instead was measured by 
using Druck PDCR 23-D type pressure transducers with a range of ±3.5 bar and the uncertainty 
of ±0.02% or 90 Pa. The voltage output of each pressure transducer is sent to a signal 
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conditioning module, Flyde FE-492BBS Mini-Bal and amplified in a signal amplifier namely Flyde 
FE-351-UA Uni-Amp. Then, the signal is connected to the National Instruments FieldPoint analog 
input module NI FP-AI-110. LabView controls were used to log all the output signals during 
testing.  
4.3.3 Temperature 
The inlet temperature for the steady testing is measured at the measurement plane with 
E-type thermocouples. Due to compressibility effects, the measured temperature falls between 
the static and the stagnation temperature. This is acknowledged by considering a recovery 
factor which is used to correct the temperature and is given as: 
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         4-3 
K-type thermocouples are used to monitor the temperature of all the critical areas such the 
heater, the dynamometer bearings, lubricant oil flow and cooling water. 
4.3.4 Turbine Torque Measurement 
The turbine torque was measured using a 1004 Tedea Huntleigh Single Point low 
capacity single point that receives direct reaction force from a cantilever arm of the eddy 
current dynamometer. The load cell output signal is sent to the National Instruments FieldPoint 
Analog Input NI-FP-DG-140 before it is connected to the computer. The turbine actual power can 
be calculated from the torque and turbine rotational speed measurement by using Equation 4-4. 
       
    
  
        4-4 
4.3.5 Turbine Speed 
  The turbine rotational speed, N is measured with a reflective infra-red optical sensor 
type Omron EE-SX4101. The signal is converted into DC voltage and connects to the National 
Instruments FieldPoint Analog Input NI-FP-AI-110.  
4.3.6 Fast Shutting Valve 
In order to ensure safe operation, a fast acting valve (name Guillotine valve) is installed 
in the test facility. This valve is open during the testing and it is automatically activated if one of 
the conditions reported in Table 4-2 is achieved.  
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Table 4-2: Emergency Shutdown Activation Point  
Parameter Limit 
Turbine Speed 63,000 RPM 
Bearing Oil Flow Rate 12 litre/min 
Water Cooler Flow Rate 130 litre/min 
Vibration 1.5 mm/s 
4.3.7 The lubricant oil system 
The dynamometer bearing uses lubricant oil type Shell Tellus T15. The pump control 
valve regulates the lubricant oil for the range of 0.075 kg/s to 0.755 kg/s at the maximum gauge 
pressure of 7.5 bar. The oil bearing temperature is monitored by placing thermocouples at 3 
different locations in the bearing housing and is kept below 100 ˚C. A digital frequency meter is 
fitted into the oil lubricant unit to measure the oil flow rate. To ensure safe operation, the rig is 
shutdown if the lubricant oil flow rate is less than 12 litre/min. 
4.3.8 Water flow rate 
The coolant water is used to take out the heat from the inner and outer stator plate of 
the dynamometer.  A paddle wheel sensor, type Burkert 8030, is employed to measure and 
monitor the water coolant flow rate.  Generally, the coolant water flow rate is set to be higher 
than 130 litre/min. The Guillotine safety valve will be activated if the coolant water is lower 
than this rate. 
4.3.9 Vibration 
In order to comply with the dynamometer safety design specifications, the vibration 
limit must be kept below 1.5 mm/s. A linear velocity sensor, Bently-Nevada - Velomitor PN 
330500, is used to monitor the vibration levels of the dynamometer assembly during the turbine 
testing. The sensor has a rated frequency response of 4.5 Hz to 5 kHz and it capable to get the 
reading up to the 5th harmonic of the maximum frequency of the dynamometer. 
4.3.10 Data Acquisition Hardware 
The data acquisition hardware for the steady testing consists of National Instruments 
Filed-Point Ethernet network interface modules. The system is located in the Field-Point cabinet 
inside the test cell and communicates to the controlled computer through the main interface 
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module NI FP-1600. All the individual function modules that are summarised in Table 4-3 are 
connected directly to this module. 
Table 4-3: Data Acquisiton Modules for Steady Flow Testing 
Type Of Module Module 
Series 
Properties  Number of Channels 
Thermocouple Module NI FP-TC-120 Temperature 8 Channels 
Counter Module NI FP-CTR-
502 
Water and Lubricant Oil 
Flow 
4 Gates/ 4 Digital 
Outputs 
Analog Input Module Ni FP-AI-110 Monitor and measure 
Scanivalve pressures, 
turbine speed, load cell and 
vibration  
8 Differential Inputs 
Channel 
Analog Output Module NI FP-AO-210 Valves control servo 8 Voltage Output 
Channels 
Digital Input Module NI FP-DI-330 Monitor Scanivalve rotation 
channels 
8 sourcing Channels 
Digital Output Module NI FP-DO-401 Control Scanivalve rotation 
channels 
16 sourcing channels 
Strain Gauge Module NI FP-SG-140 Load cell torque 8 Channels 
 
4.3.11 Balancing 
All the rotating components need to be dynamically balanced to minimise the static and 
dynamic unbalance of the system. The magnetic rotor-shaft-turbine wheel assembly is balanced 
simultaneously by installing it on the balancing machines type CEMB ZE2-50/TC. The balancing 
was performed with a maximum out-of-balance no greater than 0.01 g.mm.             
4.4 Equivalent Test Condition 
The non-dimensional nature of the performance parameters allows the use of Similarity 
Method to scale the cold-flow conditions of the test facility with the hot gas design conditions 
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(described in section 2.2). The main non-dimensional parameters are the efficiency and Mass 
Flow Parameter, MFP.  
 
Figure 4-3 : Turbine Assembly on the Eddy current dynamometer 
Table 4-4: Equivalent design conditions 
% Speed 
Actual Speed 
(RPM) 
 
    
  Testing Speed 
(RPM) 
80 40000 1206 20889 
90 45000 1357 23500 
100 50000 1507 26112 
110 55000 1658 28710 
120 60000 1809 31334 
 
In order to scale to the equivalent design conditions it is common to keep the pressure ratio, PR 
constant whereas the actual stagnation temperature which was set at 1100 K from the design 
stage, during cold air testing it was set at 300 K. The equivalent design conditions are presented 
in Table 3-5. Six speed parameters ranging from 1206 rpm/K0.5 to 1809 rpm/K0.5 were tested. 
This corresponds to an approximate speed range of 21,000 to 31,000 rpm in the test rig. Figure 
4-3 shows a complete assembly of the turbine on the dynamometer. Appendix C1 shows a 
drawing of the turbine assembly which was generated by using SolidWorks CAD. 
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4.5 Experimental Result and Discussion 
The discussion of the experimental results of the LPT performance loaded using 
dynamometer is presented in this section. 
  
Figure 4-4: Total-to-static Efficiency, t-s vs velocity ratio, VR 
4.6 Total-to-static Efficiency 
The total-to-static efficiency, t-s is acquired by dividing the actual turbine power given 
by Equation 4-4 with the turbine isentropic power. Figure 4-4 and Figure 4-5 show the total-to-
static efficiency, t-s vs. the velocity ratio, VR and the pressure ratio, PR for the 5 different speed 
parameters given in Table 4-4. The maximum total-to-static efficiency, t-s is approximately 
0.758 at velocity ratio, VR ≈ 0.650 that is equal to PR ≈ 1.110 at the speed parameter of 1507 
rpm/K0.5. Previous mixed-flow turbine testing done by Karamanis et al. [76], Szymko [77] and 
Abidat et al. [84], using a vaneless volute obtained the optimum velocity ratio, VR in the range of 
0.64 to 0.68. The optimum velocity ratio, VR which is approximately 0.65 found in this turbine 
which supports the results obtained by the earlier study.  
As already explained in Section 1.4, the LPT was designed for being installed 
downstream of the main turbocharger turbine. This means that the LPT will inevitably have an 
impact on back pressure (since it acts as a restrictor) and therefore on the engine pumping 
work. The pumping work can be reduced if the back pressure is decreased. Therefore the LPT 
objective is to operate at higher efficiency in the lower pressure region so to minimize the 
effects due to back pressure. The results shown in Figure 4-5 demonstrate that the LPT 
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objective is achieved since it succeeds in providing the maximum efficiency in a very low 
pressure region (from 1.08 to 1.15) for each speed parameter. 
 
Figure 4-5: Total-to-static efficiency, t-s vs pressure ratio, PR 
 
Figure 4-6: LPT Performance compares with Convetional Turbine 
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A comparison of the LPT performance with a conventional high pressure turbine is 
shown in Figure 4-6. From the figure it can be gathered that the optimum operating conditions 
for the LPT occur in a lower pressure ratio, PR region than a conventional turbine. However, the 
figure shows that a significant drop in efficiency can be observed as the turbine operation 
moves outside of the low pressure region for which it was designed. This can be attributed to 
the fact that as the mass flow rate increases at higher pressure ratios, the exit relative flow 
velocity increases thus contributing to larger turbine losses.    
 
Figure 4-7: Mass Flow Parameter,MFP vs pressure ratio, PR 
4.6.1 Mass Flow Parameter, MFP 
The flow capacity of the turbine is presented in Figure 4-7. It can be seen that the flow 
capacity shows a trend which is typical of the radial or mixed-flow turbines for which the Mass 
Flow Parameter, MFP decreases as the rotational speed increases. At a constant pressure ratio, 
PR a centrifugal pressure field caused by the rotation of the turbine, is responsible for the drop 
in the Mass Flow Parameter, MFP with increasing speed. As the pressure ratio, PR is increased 
the Mass Flow Parameter, MFP reaches a plateau where further increase in pressure ratio, PR 
will not correspond to any further increase in Mass Flow Parameter, MFP; in this region the 
turbine is choked. As more air flows into the turbine, the inlet velocity increases near to the 
sonic speed and it drops the static temperature and static pressure. Also the density is dropped 
as fast at the flow is increased and finally there is no change in the air flow [50]. The chocking 
Mass Flow Parameter, MFP is approximately 2.0 kg.s-1.K0.5.bar-0.5 when the pressure ratio, PR is 
above the value of 1.3.  
0.4 
0.8 
1.2 
1.6 
2.0 
1.00 1.05 1.10 1.15 1.20 1.25 1.30 1.35 1.40 
M
a
ss
 F
lo
w
 P
a
ra
m
e
te
r,
 M
F
P
 
Pressure Ratio, PR 
Mass Flow Parameter, MFP vs pressure ratio, PR 
1206 rpm/K^0.5 
1357 rpm /K^0.5 
1507 rpm/K^0.5 
1658 rpm/K^0.5 
1809 rpm/K^0.5 
128 
 
Figure 4-8 compares the LPT swallowing capacity to a conventional high-pressure mixed-
flow turbine. It can be observed that the LPT has a much smaller swallowing capacity than a 
conventional turbine which highlights the challenging conditions (low pressure and low mass 
flow) in which the turbine has to be operated.  
 
Figure 4-8: LPT MFP Compares with Conventional Turbine 
 
4.7 Experimental Uncertainty Analysis 
The uncertainty analysis measures the level of confidence and reliability of the 
experimental data. In this section, the uncertainty analysis is based on the method given by 
Szymko [77]. The Root-Sum-Square (RSS) method is used as given in Equation 4-5.  
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Where                                                 
                                      
 
  
   
                       
The measured variables which influence the turbine performance are the mass flow rate (  ), 
inlet static pressure (    ), inlet temperature (  ), turbine speed (N) and turbine torque (τ).  
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4.7.1 Total-to-static Efficiency 
The total-to-static efficiency, ht-s is a function of the mass flow rate (  ), inlet static 
pressure (    ), inlet temperature (  ), turbine speed (N) and turbine torque (t). 
                                    4-6 
Therefore, the uncertainty in total-to-static efficiency (     ) can be presented as the following 
function: 
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Figure 4-9 shows the distribution of       plotted against the velocity ratio, VR for the 
tested speed parameter range of 1206 rpm/K0.5 to 1809 rpm/K0.5. It is apparent that       
reduces as the velocity ratio, VR increases, reaches its minimum at the peak location for the ηt-s, 
and then increases at higher velocity ratio, VR.        
 
Figure 4-9: Total-to-Static Uncertainty 
4.7.2 Velocity Ratio, VR 
The function of the velocity ratio, VR can be describes as,    
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Then, the overall uncertainty in velocity ratio, VR is represented as, 
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The distribution of the VR is plotted against the velocity ratio, VR and is shown in Figure 4-10. It 
is shown that the VR increases with increasing the velocity ratio, VR and decreases as the speed 
parameter decreases. This seems to be in contrast with the expected trend for the standard 
deviation since in the velocity ratio, VR region corresponding to the peak efficiency point of the 
LPT, one would expect the VR to be at minimum. However, bearing in mind that the LPT 
operates at very low pressure ratios, the uncertainty associated with the measurements 
decreases as we move far from the design operating conditions.  
 
Figure 4-10: The VR Uncertainty  
4.7.3 Mass Flow Parameter, MFP 
The function of the pseudo-nondimensional Mass Flow Parameter, MFP uncertainty σMFP is 
described in Equations 4-10 and 4-11.    
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Figure 4-11 shows the distribution of the MFP that is plotted against the PR. The uncertainty of 
the Mass Flow Parameter, MFP is dominated at the lower PR. The MFP is decreased as the 
pressure ratio, PR is increased and the speed parameter increases. 
 
Figure 4-11: The MFP distribution 
4.7.4 Pressure ratio, PR 
The uncertainty of the pressure ratio, PR is influenced by the mass flow rate and the 
measurement of the static temperature and pressure. The function of the PR uncertainty is 
given below,    
                            4-12 
Thus, the overall uncertainty of the pressure ratio, PR is derived as; 
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The distribution of the PR is plotted against the PR and it is shown in Figure 4-12. The PR value 
is dominant at the higher PR. As the PR and the speed parameter are increased, the uncertainty 
level of the PR decreases.  
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Figure 4-12: The PR distribution 
The overall standard deviation level for the total-to-static turbine efficiency, velocity 
ratio, VR, Mass Flow Parameter, MFP and the pressure ratio, PR is summarised in Table 4-5. 
From the table it can be deduced that an increment in the standard deviation is observed with 
increasing speed parameter. From Table 4-5, it can also be deduced that the MFP has the highest 
uncertainty level than the other performance parameters.  
Table 4-5: Overall s level for Every Speed Parameters 
Speed Parameter 
(rpm/K0.5) 
t-s VR MFP PR 
1206 ±0.0224 ±0.0321 ±0.0575 ±0.0084 
1357 ±0.0222 ±0.0282 ±0.0601 ±0.0099 
1507 ±0.0329 ±0.0331 ±0.0636 ±0.0101 
1658 ±0.0331 ±0.0340 ±0.0666 ±0.0117 
1809 ±0.0360 ±0.0383 ±0.0706 ±0.0131 
4.8       Comparison of Different Performance Prediction Techniques 
Besides testing the LPT, its steady state performance characteristics were also estimated 
by using three computational techniques: mean-line modeling, single passage CFD and full 
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turbine CFD. Three speed parameters lines (1206 rpm/K0.5, 1507 rpm/K0.5 and 1809 rpm/K0.5) 
are analyzed in this section. For each prediction technique, a comparison between the predicted 
performances and the experimentally measured values is carried out: firstly the turbine peak 
turbine performance, secondly the LPT overall performance and finally the standard deviations 
are presented. 
Table 4-6: Predicted peak turbine performance for 3 speed parameters  
Speed Parameter 
(rpm/K0.5) 
Prediction Technique t-s,peak VRpeak PRpeak 
1206 
Mean-line Modelling 0.753 0.680 1.072 
Single Passage Blade CFD 0.744 0.694 1.055 
Full Turbine CFD 0.759 0.653 1.061 
Turbine Testing 0.754 0.604 1.108 
1507 
Mean-line Modelling 0.743 0.664 1.092 
Single Passage Blade CFD 0.732 0.679 1.089 
Full Turbine CFD 0.768 0.715 1.079 
Turbine Testing 0.758 0.657 1.103 
1809 
Mean-line Modelling 0.746 0.664 1.114 
Single Passage Blade CFD 0.710 0.650 1.142 
Full Turbine CFD 0.768 0.684 1.128 
Turbine Testing 0.747 0.664 1.145 
 
 
4.8.1 Peak total-to-static efficiency, t-s   
The peak turbine performances together with their corresponding velocity ratios are 
reported in Table 3-9 for each speed line. From Table 4-6, it can be seen that the predicted peak 
total-to-static efficiency, t-s values are above 0.71. The maximum total-to-static efficiency, t-s 
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was predicted by the Full Turbine CFD analysis   (t-s,peak = 0.768) at the velocity ratio, VR value 
of 0.715 for the speed parameter of 1507 rpm/K0.5. This is a reasonable agreement with the 
actual total-to-static efficiency (t-s,peak = 0.758) even though the velocity ratio, VR is far from 
that measured experimentally (VR=0.657). Conversely, despite its simplicity, the mean-line 
model exhibits the best prediction in terms of velocity ratio (VR=0.664) with a peak efficiency of 
0.743. Note that as previously explained the mean-line model use experimental data for 
calibration of coefficients, with CFD only uses the boundary conditions supplied. 
4.8.2 Turbine Characteristics 
The turbine performance curves for each technique are plotted in Figures 4-13 (a) – (f). 
The figures compare the predicted turbine characteristics from the mean-line modelling, the 
single passage CFD and the full turbine CFD model against the turbine test results obtained for 
the speed parameters of 1206 rpm/K0.5, 1507 rpm/K0.5 and 1809 rpm/K0.5. From the figures it 
can be noticed that the full turbine CFD model exhibits the best agreement with experiments 
whereas the worst agreement is shown by the single passage CFD. This is due to the fact that in 
the single passage CFD the inlet absolute flow angle to the turbine is imposed by the user 
whereas the full turbine CFD model is capable to model the flow distribution around the rotor 
periphery. The MFP comparisons are also shown in the Figures 4-13 (b), (d) and (f). The figures 
show that the MFP prediction (for each technique) exhibits similar trend as the experiments but 
with a not negligible discrepancy for the full passage CFD at higher speed parameters which is 
due to coarse meshing elements use in the full turbine modeling. Thus, the mass flow prediction 
in full turbine is less accurate then the single passage modeling.  
 
4.8.3 Variance and Standard Deviations 
Equation 4-14 gives the variance in general form. For the specific case under study, the 
variance is calculated as the square of the difference between the turbine testing results and the 
predicted results from the mean-line modelling, the single passage CFD and the full turbine CFD 
model.   
             
          4-14 
Then, the standard deviation is calculated using Equation 4-15.  
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(a)      (b) 
 
(c)      (d) 
 
(e)      (f) 
Figure 4-13 (a) – (f): Comparison of t-s and MFP for each Speed Parameters  
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(a)   (b)  
 
(c)   (d)  
 
(e)   (f)  
Figure 4-14 (a)-(f): 2 and MFP2 distribution for each Speed Parameters 
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Figures 4-14(a) to (f) show the variance distribution of the predicted turbine 
performance from each computational technique for three speed parameters. The variance 
seems to be quite sensitive to the speed parameter and the velocity ratio, VR and this is shown 
by the fact that not a clear trend for the variance could be found for the three modeling 
techniques. As a general observation, the figures show that for velocity ratios between 0.45 and 
0.65, the distribution of variance for the turbine total-to-static efficiency, t-s is less than ±0.003 
at all turbine speeds. In the low velocity ratio, VR region instead, the variance for the full 
passage and mean-line modeling tends to increase at 1507 rpm/K0.5 and 1809 rpm/K0.5. Similar 
considerations as the efficiency can be done for the Mass Flow Parameter, MFP. From the figures 
it can be noticed that the minimum variance occurs around the design pressure ratio region 
(PR=1.1) for the full passage CFD only. For the single passage CFD and the mean-line modeling 
instead, the variance does not exhibit a clear trend. 
Table 4-7: Total-to-static efficinecy Standard Deviation σt-s    
Speed 
Parameter 
(rpm/K0.5) 
σt-s 
Full Turbine 
CFD 
Single Passage 
CFD 
Mean-line 
1206 ±0.027 ±0.039 ±0.019 
1507 ±0.044 ±0.026 ±0.035 
1809 ±0.033 ±0.028 ±0.053 
Table 4-8: Mass Flow Parameter, MFP Standard Deviation MFP  
Speed 
Parameter 
(rpm/K0.5) 
MFP
Full Turbine 
CFD 
Single Passage 
CFD 
Mean-line 
1206 ±0.090 ±0.091 ±0.095 
1507 ±0.101 ±0.174 ±0.124 
1809 ±0.155 ±0.133 ±0.106 
 
The calculated mean standard deviations for each speed parameter are summarized in 
Table 4-7 and 4-8 for the total-to-static efficiency, t-s and the Mass Flow Parameter, MFP 
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respectively. The mean standard deviation is helpful to assess the level of accuracy of the 
computed turbine performance against the experimental results over the entire range of 
pressure ratios tested. From Table 4-7, the accuracy of the computed turbine efficiencies is in 
the range of ±0.019 to ±0.053. The largest discrepancy in computing the total-to-static 
efficiency, t-s was found for the mean-line model at the speed parameter of 1809 rpm/K0.5. This 
is due to the discrepancy between the mean-line model prediction and the experimental results 
in the low velocity ratio, VR region of the maps. The standard deviation of the total-to-static 
efficiency, t-s calculated from the single passage CFD shows consistent values at each turbine 
speed with values ranging between ±0.026 to ±0.039. As per the the Mass Flow Parameter, MFP,  
Table 4-8 shows that the standard deviation increases as the speed parameter is increased;  the 
standard deviations vary in a range between ±0.090 and ±0.174 kg.K0.5/bar. 
4.8.4 Computational Time 
Average execution time to compute each turbine performance points is compared in 
Table 4-9. It can be seen that the mean-line modelling produces the turbine performance almost 
instant. However, the calibration of the turbine loss coefficients is required. The single passage 
CFD executed approximately 10800 s for the 117,015 meshing elements. Finally, the full turbine 
which has full model meshing elements of 930,316 required approximately 86400 s for each 
turbine performance point.  
Table 4-9: Execution Time Comparison for Each Computational Method  
Full Turbine CFD 
Single Passage 
CFD 
Mean-line 
86400 s 10800s Order of a second 
 
4.9 Summary 
The LPT steady state turbine testing was conducted at the Imperial College turbocharger 
turbine test facility. Testing were conducted for 5 different speed parameters varying from 
1206 to 1809 rpm/K0.5. The test results showed a maximum total-to-static efficiency, t-s of 
0.758 at velocity ratio, VR ≈ 0.650 which is equal to  R ≈ 1.110 for the speed parameter of 1507 
rpm/K0.5. A performance comparison with a conventional high pressure turbine showed the LPT 
succeeds in providing higher efficiency and smaller swallowing capacity in the lower pressure 
ratios region. The overall total-to-static turbine efficiency, ηt-s and Mass Flow Parameter, MFP 
uncertainty ranges from ±0.005 to± 0.09 and ±0.038 to± 0.085, respectively.  
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The predicted turbine performance from the mean-line modelling, single passage CFD and 
full turbine CFD model were validated and compared against the testing results. The 
comparison showed that the computed turbine peak efficiencies for each turbine speed are 
within 0.04 points of the peak efficiency value obtained from turbine testing. The maximum 
standard deviation (σt-s ±0.053) for the total-to-static efficiency, t-s was found for the mean-
line modelling at 1809 rpm/K0.5 whereas for the Mass Flow Parameter, MFP, the maximum 
standard deviation (MFP±0.174) was calculated from the single Passage CFD at speed parameter 
of 1507 rpm/K0.5.             
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Chapter 5:  LPT Characterization under 
Pulsating Flow  
5.1 Synopsis 
This chapter discusses the effect of flow unsteadiness on the LPT caused by the engine 
exhaust reciprocation. The results of pulsating flow experiments were performed at the 
Imperial College Turbocharger Turbine cold-flow test facility. Besides significantly enhancing 
the width of steady state turbine maps, the test facility embeds a unique feature which enables 
testing turbocharger turbines under pulsating flow. After post-processing the measured raw 
data, the instantaneous performance parameters were evaluated. The experimental analysis 
and the test results are described in this chapter.  
5.2 Unsteady Flow Analysis 
The development of the turbocharger turbines is commonly based on the assumption that 
a turbine behaves as a steady flow device. However this is not the case, since a turbocharger 
turbine is subjected to continuous pulsating exhaust gas flow due to reciprocating engine 
operation. The exhaust flow leaving the exhaust valves-throat is suddenly expanded into the 
exhaust manifold and as a result, the flow pressure within the exhaust manifold fluctuates 
significantly according to the engine crank angle. However such a large variation in flow 
pressure cannot be matched by the turbine which is not designed to respond to the large 
pressure fluctuation. This leads to a deficit in total-to-static efficiency, t-s which impacts 
negatively on engine performance with an increase of pumping work and therefore fuel 
consumption. It is therefore apparent that the evaluation of turbine performance under 
pulsating flow conditions is crucial for engine/turbocharger matching. However it is worth 
saying that the way the unsteady performance should be assessed and used in turbine design is 
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still subject of debate amongst researchers and an increasing number of investigations are now 
trying to address this issue.  
As per the current research, the LPT is not subjected to high pressure fluctuations since 
most of the flow is expanded into the main turbine. However, bearing in mind that the 
turbocharger turbine used in the HyBoost project is externally waste-gated, at high loads when 
the wastegate starts operating, some of the pulsating exhaust gas flow will be diverted into the 
LPT thus increasing the level of unsteadiness. Therefore this justifies the need of assessing the 
LPT performance under unsteady state conditions.  
 
 
 
 
 
 
 
5.2.1 Pulsating flow generator  
In order to generate the pressure pulse profile typical of an ICE, the test facility at 
Imperial College London is equipped with a pulse generator. The pulse generator consists of 
two plates driven by a DC motor with a frequency range going up to 100 Hz. The specific cut out 
Figure 5-1: Pulse Generator and Chopper Plate Area Opening Profile 
3-D CAD Pulse Generator Assembly 
Area Opening Profile 
Chopper Plate 
Cut Out 
Chopper Plate 
DC Motor 
Plate 
Encoder 
[˚] 
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A B 
In-Phase 
Out-of-Phase 
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of the chopper plates was designed to imitate the typical pressure pulse profile of a six cylinder 
3.0L diesel engine. Figure 5-1 shows the chopper plates located at each limb of the pulse 
generator together with the opening profile. From the figure it can be gathered that the chopper 
plates (A & B) have a cut out shape which allows the flow between 0˚ and 120˚ phase angle with 
the peak opening at approximately 60˚. The linear flow area opening and closing of the chopper 
plates is what generates the pressure pulse profile typical an ICE. Although not being used in the 
current research, another main feature of the pulse generator is that, by rotating one of the two 
plates by 180˚ (out-of-phase condition, Figure 5-1), it is possible to replicate the typical 
pressure pulse profile of multiple-entry turbines. This gives to the test facility a large flexibility 
and adaptability to different turbine arrangements.  
5.3 Instantaneous Performance Parameters 
In unsteady testing, all the independents parameters are measured instantaneously at 
different locations of the turbine assembly.  
The instantaneous turbine performance parameters under pulsating flow are therefore 
calculated in a similar way as those in steady state: instantaneous total-to-Static efficiency, ht-
s,inst, instantaneous Mass Flow Parameter, MFPinst, instantaneous velocity ratio, VRinst and 
instantaneous pressure ratio, PRinst.  
5.3.1 Instantaneous Mass Flow Parameter, MFPinst 
The instantaneous Mass Flow Parameter, MFPinst is described in pseudo-non dimensional form. 
Equation 5-1 gives the function of the parameter. 
           
               
        
        5-1 
The instantaneous Mass Flow Parameter, MFPinst is plotted against the instantaneous pressure 
ratio, PRinst which is given in Equation 5-2:  
          
        
         
        5-2 
5.3.2 Instantaneous total-to-static efficiency, ht-s,inst 
The expansion process in the LPT is assumed to be adiabatic. Therefore, the adiabatic 
instantaneous total-to-static efficiency, ht-s,inst is calculated as: 
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The measurement of the instantaneous actual turbine power,             will be described in 
Section 5.4.4 The instantaneous turbine isentropic power (         ) is derived from the 
measured instantaneous variables as given in Equation 5-4. 
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An instantaneous velocity ratio, VRinst can be then calculated as given by Equation 5-5. 
            
       
        
 
            
                    
  
    
  
 
 
       
  
     5-5 
where Cis inst is the instantaneous isentropic velocity: 
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5.3.3 Cycle Average Efficiency and velocity ratio, VR 
The instantaneous total-to-static efficiency, t-s,inst curve follows a hysteretic trend which 
has already been shown in Chapter 1, Figure 1-14. The complex flow mechanisms occurring 
within the turbine under pulsating flow, makes it difficult to formulate a validated method 
which can consistently be applied to any turbine geometry to calculate turbine performance. A 
simple and widely accepted approach to evaluate the turbine instantaneous efficiency is that of 
reducing it to one single point by using a cycle averaging technique, thus obtaining the so called 
cycle averaged efficiency. The main advantage associated with the cycle averaged efficiency is 
that it enables of quantifying the impact of unsteadiness on turbine performance by comparing 
it against the steady state performance obtained for similar load and rotational speed 
considered in the steady state testing. Equation 5-7 gives the cycle average instantaneous 
efficiency, ht-s,c-avg  that is calculated from the ratio between the actual and the isentropic power 
measured over one cycle given by Kosuge et al. [71].  
                 
           
 
 
              
 
 
        5-7 
A cycle average Velocity Ratio, VRc-avg is also calculated and it considers an energy weighted 
average value as shown in Equation 5-8. 
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5.4 Test Rig Instrumentation  
All the instantaneous independent variables are measured in the same test rig facility 
used for steady flow testing already described in Chapter 4. However, it is not possible to 
measure the instantaneous mass flow and pressure with the V-Cone and Scanivalve system. 
Therefore, the Dantec CTA Hotwire system and Schaevitz high response pressure transducers 
are used to measure the instantaneous mass flow rate and gauge pressure, respectively.  
Table 5-1 summarises all the instantaneous parameters which are required to 
determine the pulsating flow turbine performance. A description of the instrumentation used 
for their measurements is given in the next sections. 
Table 5-1: Instantaneous Variables for Pulsating Flow 
Mass flow Rate (kg/s)         Turbine Torque (N.m)       
Inlet Static Pressure (Pa)          Turbine Speed (rpm)       
Outlet Static Pressure (Pa)          Inlet Temperature (K)         
 
5.4.1 Instantaneous Mass Flow Rate 
The instantaneous mass rate for the pulsating flow condition is determined in the 
testing facility by measuring the instantaneous mass flux from a Constant Temperature 
Anemometer type hot-wire anemometer (CTA). A CTA set up is effectively a Wheatstone bridge 
that keeps constant hot-wire temperature by appropriate voltage balance. This measuring 
technique is based on the measurement of the convective heat loss through the hot-wire; any 
change in the fluid flow condition will determine a variation in the generated from the current 
resistance which is then convectively dissipated. The correlation between the hot-wire voltage 
and mass flux is given by Dantec Practical Guide [93] and it is derived from the energy balance: 
  
  
  
                            5-9 
where  
  
  
  CTA voltage variation over time  
               
                            -             
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With                              
                      
       -                 
                         
       -                
For equilibrium condition when heat storage is zero (dE/dt=0), Equation 5-9 turns into: 
                
 
 
                 5-10 
Where                                                   
                             
For low Reynolds number,    in the incompressible flow,   the dimensionless heat transfer, Nu 
can be represented as: 
                  5-11 
Equations 5-10 and 5-11 can be simplified, giving the relation between the hot-wire voltage and 
the flow velocity according to the King’s Law, 
        
                 
        5-12 
Where                     
                                                 
                        
The transfer functions A, B and n are established during mass flow calibration from curve fitting 
method.  
The hot-wire calibration is carried out in steady state conditions. The CTA hot-wire 
calibration was accomplished at the Temperature calibration Tcalib ranges from 293 K to 330 K 
and mass flow range of 0.04 kg/s to 0.12 kg/s. The hot-wire is traversed over 36 automatic grid 
points of the cross-sectional area of the inner limb. The voltage readings from CTA Dantec 
Dynamic system are initially converted into mass fluxes (Equation 5-12). Then an average mass 
flux of the 36 points is then calculated according to the British Standard BS:1042 [94] used for 
the calculation of a fluid flow in closed conduit.  The mass flow rate was then calculated and 
compared against the steady mass flow obtained from the McCrometer V-Cone Flowmeter.  
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Figure 5-2: Hot-Wire Calibration 
5.4.2 Instantaneous Pressure, Pinst 
Pressure transducers type Schaevitz P704-0001 (rated gauge pressure from 0 to 3.45 
Bar with 0.059 % FS maximum deviation) were used to measure the static wall pressure for the 
unsteady testing. The output from the pressure transducers is a voltage signal which is 
conditioned and amplified (Flyde FE-492-BBS Mini-Bal bridge conditioner and Flyde FE-351-UA 
Uni-Amp universal amplifier) before being logged by the data acquisition system.       
5.4.3 Instantaneous Static Temperature, Ts,inst 
No direct measurement of the instantaneous flow temperature is acquired as part of the 
unsteady flow testing. The instantaneous flow temperature is evaluated by assuming isentropic 
flow. The instantaneous pressure, P1,inst (high response pressure transducers Schaevitz P704-
0001), the time mean pressure      (Scanivalve) and the time mean temperature mean    (K-type 
thermocouples) are measured at the inlet to the volute. The instantaneous static temperature 
(Ts,inst) is then calculated from Equation 5-13:  
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The validity of this calculation procedure was proven by Szymko [77] who used a dual probe 
hot-wire technique to measure the instantaneous static temperature. The comparison between 
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the measured and calculated (Equation 5-14) instantaneous static temperature showed no 
significant difference and therefore the isentropic flow assumption was also considered in this 
thesis.  
5.4.4 Instantaneous Turbine Torque, τinst 
In order to evaluate the instantaneous turbine performance, the instantaneous torque 
must be measured. However the instantaneous torque cannot be measured directly since the 
angular momentum is rapidly changing as a consequence of the rotational speed variation due 
to the pulsating flow. Therefore, the measurement of the instantaneous torque,        is obtained 
as the sum of the fluctuating     and the mean component ( ) as given by Equation 5-15.  
                      5-14 
The mean torque ( ) is measured with the reaction load cell used for steady testing whereas the 
fluctuating torque component,     is the product of the rotor angular acceleration (
  
  
) and its 
polar mass of inertia (I). Therefore, Equation 5-15 can be written as: 
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The rotor angular acceleration (
  
  
) calculation was presented by Szymko [75] and it is 
calculated from the first central difference technique which is given in Equation 5-16. 
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The measurement of the polar moment of inertia is described in Chapter 4 and the 
instantaneous turbine power (          ) is given by Equation 5-17. 
                                      
  
      
          5-17 
5.5 Data Acquisition and Signal Processing 
In order to acquire the instantaneous variables described in Section 5.4 a high speed 
data acquisition system developed by Rajoo [15] was used. The high speed data acquisition 
system has a multi-functioned PCI DAQ card type NI 6034-E that is used to measure the CTA hot-
wire voltages, instantaneous inlet and exit pressures and a high speed PCI counter/timer card 
type NI 6602 for instantaneous turbine speed and chopper plate frequency measurements.  The 
NI 6034-E has 8 differential analogue channels with 16-bit resolution and 8 digital I/O lines with 
overall sample rate of 20 kHz. The NI 6062 counter/timer card has 8 channels with a 32-bit 
resolution and 3 different clock frequencies of 0.1, 20 and 80 Hz. By triggering a reference point 
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in the chopper plate, the instantaneous variables on each analogue and counter/timer channels 
were logged at the constant sampling rate (FS) of 20 kHz. The data was obtained over 50 
complete pulse cycles at each hot-wire traverse point and gives an overall data collection of 
(50x36 = 1800).  
 
 
5.6 Data Processing  
The logged high speed raw values from each measurement channel contain a large 
amount of noise. Therefore, it is necessary to refine and improve the quality of the raw values 
before they can be used to evaluate the pulsating flow performance of the LPT. After filtering, 
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Figure 5-3: Pulsating Test Processing Data Flow Chart 
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the averaged values, the 36-traversed points were phase shifted and finally the performance 
parameters can subsequently calculated. The phase shifting was carried out based on the 
normalized Strouhal number, St* that was used and described by Szymko [77] and explained in 
section 5.6.6. The turbine pulsating test data flow process is given in Figure 5.3.   
5.6.1 Data Re-sampling Technique  
The turbine rotational speed was measured by recording the time of rotation of a 
nominally fixed angular distance of the encoder wheel teeth. Therefore its sampling rate is not 
constant if compared to the fixed sampling rate of the analogue properties.  For this reason the 
rotational speed of the turbine is resampled to obtain a consistent sampling rate of 20 kHz as in 
all properties. A cubic polynomial fitting that is given in Equation 5-18 was used to resample 
and match the non-uniformly spaced data of each measured variable.  
                              
          
  for                        5-18 
where t is the time and a,b,c and d are the curve coefficients.   
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where 
  
        
         
       
 
  
 
 
               
    
 
 
               
  
5.6.2 Averaging method 
A total of 1800 data for each test condition were recorded for all pulsating properties. In 
order to use this data they have to be ensemble averaged to a single cycle for subsequent 
analysis. The general form of averaging equation is given in Equation 5-20.  
      
 
 
      
 
            5-20 
the averaged value       is given as a result of averaging all the independent variables y(t)i for n 
cycles in each instant (t). The mass flow rate from the CTA reading was averaged according to 
BS:1042 [94]. 
5.6.3 Data Filtering Technique 
The averaging technique was unable to eliminate the cyclic noise in the measuring 
hardware. Thus, a Finite Impulse Response (FIR), given in Equation 5-21, was used for the 
instantaneous pressure and mass flux measured from the CTA hot-wire.  
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where                                      
                                  
The Fast Fourier Transform analysis (FFT) showed the out-of-balance for the turbine wheel in 
the turbine speed. Rajoo [15] reported several turbine peak signals in his turbine signal FFT 
analysis. These peaks were smoothed through the speed signal averaging technique that is 
explained in Section 5.6.1. 
5.6.4 Hot-Wire Correction  
During pulsating flow, the fluctuation of the turbine inlet temperature changes the 
voltage output from the hot-wire. Therefore, a hot-wire correction procedure that is given by 
Bruun [95] was applied to correct the measured mass flux in the data processing. The hot-wire 
correction was derived from Equation 5-12 and is given in Equation 5-22.  
        
         
        
 
 
         5-22 
where, m value was acquired during the hot-wire calibration.  
5.6.5 Phase Shifting 
The instantaneous variables measured to calculate the instantaneous isentropic power 
(mass flow, temperature and pressure) and torque (angular velocity) were measured at 2 
different locations. Mass flow, pressure and temperature were measured at the so called 
‘measurement plane’ whereas the angular velocity was measured at the rotor shaft (Figure 5-4). 
Thus, a phase difference occurs between the isentropic inlet properties (measured upstream of 
the volute) the actual turbine output properties (measured at the rotor). This difference in 
measurement location between the isentropic properties and actual properties cannot be 
avoided since the rotor accepts the flow all around its periphery and therefore it is difficult to 
identify a single entry energy point (in the current thesis it was assumed that entry energy point 
for the flow into the rotor is located at 180˚ azimuth angle, as shown in Figure 5-4). In order to 
overcome this issue, all the measured variables are hence phase shifted to a reference time 
frame point.  For the specific testing conducted here, the reference time frame point was chosen 
at the centre of the chopper and the characteristic lengths of the reference time frame points to 
the turbine measurement plane and the entry energy point was measured and is given in Figure 
5-4.    
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The time shift calculation requires the knowledge of the flow velocity propagation, 
Cpropagation along the characteristic length.  The flow velocity propagation is given by the 
summation of the bulk,        and sonic velocity,         as given in Equation 5-23.  
                                   5-23 
where        
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Equation 5-26 shows the time shift for the flow propagation. 
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By using the phase-shifting technique it was possible to calculate the instantaneous isentropic 
and actual power consistently positioned to a common time-frame and therefore the turbine 
performance parameters could be determined accurately. 
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Figure 5-4: Characteristic Length Calculation 
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5.6.6 Flow Unsteadiness Analysis  
The turbocharger turbine receives highly dynamic exhaust gases that contain high 
energy from the exhaust valve opening and closing mechanism. The dynamic exhaust energy is 
available in the form of pressure waves. As soon as the exhaust valve is opened, a pressure wave 
travels along the exhaust pipe at sonic speed and is reflected back and forth over the pipe length 
after impacting the turbine blade. However, the gas exhaust particle travels at the bulk speed 
that moves at relatively slower velocity than the sonic speed (except when the exhaust flow is 
supersonic).  
The level of unsteadiness for the pulsating flow exhaust gas is very difficult to be 
measured in a real engine application due to the very high temperatures. This is not the case 
with the cold-flow test facility available at Imperial College which is capable of simulating the 
unsteadiness phenomenon in the piping system using the chopper plates. In order to quantify 
the level of unsteadiness in the piping system, the Strouhal number (St*.) can be used. The 
Strouhal number measures the relation between the time scale of the fluctuation (frequency) to 
the time scale of the particle [77], as shown in Equation 5-27. 
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Where  f =  Pulse Frequency 
  L = Characteristics Length 
     = Mean gas velocity 
    = Pulse period which is equal to 1/3 for given chopper plate 
From the equation above it can be seen that the Strouhal number links the ratio of the time of 
the fluid particle to travel along the L distance of the pipe at the bulk speed (t) and the 
fluctuation of pulse traveling time (1/f).  However, a shortcoming of the Strouhal number is that 
it does not take into account any information about the amplitude of the pressure wave which 
also plays an important role in the unsteadiness level of a system. Copeland et al. [79] have 
reported the effect of the pressure wave amplitude and the pulse frequency on the unsteadiness 
assessment of the turbocharger turbine under pulsating flow. They have introduced the Lambda 
criterion,  defined as the product of the ratio between the pressure amplitude2 ( P) and the 
time-cycle averaged pressure, Ptime-,avg with the Strouhal number, St.*.  
                                                             
2    is the pressure wave amplitude that is the difference between the peak pressure and the minimum pressure..  
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  From Equation 5-28 it is apparent that, for a given pulse frequency, a larger value of the 
pressure amplitude weighing factor,  increases the reflection of the pressure wave that is 
traveling back and forth in the piping system. The analysis of Equation 5-28 for a similar St.* 
deduces that a larger value of  increases the value of  and vice versa. Therefore, it can be 
concluded that for a given Strouhal number, the larger the value of  the higher is the degree of 
unsteadiness.  Copeland et al. [79] found a maximum deviation points of 0.58 between the 
Lambda criterion and the Strouhal number, St.* when the unsteadiness flow were characterized 
for the pulse frequency of 84 Hz in a double entry.  Thus, the Lambda criterion will be used later 
in this chapter to assess the results of the unsteady flow testing. 
5.6.7 Pulsating Flow Testing Condition 
As already explained early in this chapter, the pulse generator replicated the pressure 
pulse frequency of the 1.0L gasoline engine considered for the HyBoost engine. Equation 5-29 
relates the engine speed Nengine with the pulse generator frequency f.  
          
 
 
 
  
        5-29 
Where n is the number of strokes (4 in this case), G is the number of group manifolds (1 in this 
case) and C is the number of cylinders (3 in this case). 
Table 5-2: Pulsating Flow Test Condition  
Pulse Frequency (Hz) 20 40 60 80 
Equivalent Engine Speed (rpm) 800 1600 2400 3200 
Turbine Speed Parameter (rpm/K0.5)     
1206 √ √ √ √ 
1357 √ √ √ √ 
1507 √ √ √ √ 
1658 √ √ √ √ 
1809 √ √ √ √ 
 
Four different pulse frequencies, 20 to 80 Hz with increment of 20 Hz and 5 different 
speed parameters varying from 1206 to 1809 rpm/K0.5 were considered to evaluate the LPT 
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performance under unsteady flow.  Table 5-2 summarises the turbine test condition for the 
pulsating flow testing. It is worth noting that the loading of the LPT for each speed tested under 
pulsating flow was set at the same conditions as those giving 1.0 kW power output under steady 
state.  
5.6.8 Unsteady Results and Discussion 
The pulsating flow experimental results are presented and discussed in this section. The 
post-processed experimental results were plotted against the phase angle for each speed 
parameter (from 1206 rpm/K0.5 to 1809 rpm/K0.5) and chopper plate frequency (from 20 Hz to 
80 Hz). The post-processed data are the static temperature, pressure (inlet and outlet), mass 
flow rate, speed, torque, isentropic and actual turbine power. In the current section the post-
processed instantaneous variables and performance parameters are only presented and 
discussed for the design speed parameter of 1507 rpm/K0.5 whereas the remaining results are 
presented in the Appendix D1 to Appendix D6.  
 
 
Figure 5-5: Instataneous Inlet Static Pressure at 1507 rpm/K0.5 
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5.6.8.1            Instantaneous Static Pressure 
The instantaneous static pressure profiles measured for a frequency range of 20 Hz to 
80 Hz are shown in Figure 5-5. At 20 Hz of the chopper plate frequency, the peak instantaneous 
static pressure of 1.41bar was measured. As the chopper plate frequency increases from 20 Hz 
to 80 Hz, the peak decreases from approximately 1.41 bar to 1.34 bar. This can be attributed to 
the fact that at lower frequency, the reflected pressure waves are more likely to superimpose 
with the travelling pulse, thus resulting in higher peak pressure [15].   Another interesting 
aspect worth discussing is that the smooth waveforms of Figure 5-5 represent a ‘filling and 
emptying’ effect in the test rig piping; this can be particularly observed in Figure 5-5 at 20 Hz. 
However as the pulse frequency increases, a higher level of pulse fluctuation was observed. This 
leads to the presence of secondary static pressure peaks at higher phase angle and the 
enhancement of the pulse width as the pressure pulse frequency increases. This could be 
attributed to the pressure wave reflection within the system3 which is also confirmed by Rajoo, 
Szymko and Copeland [15; 77; 79] who found similar trends at higher chopper plate frequency 
for a medium size turbocharger turbine.   
Table 5-3: ,  and St.* for Speed Parameter 1507 rpm/K0.5 
f (Hz) 
 
 
St.* xSt.*
A B C D A B C D 
20 0.252 0.522 0.241 0.075 0.016 0.131 0.061 0.019 0.004 
40 0.212 1.020 0.471 0.147 0.031 0.216 0.100 0.031 0.007 
60 0.174 1.524 0.703 0.220 0.047 0.265 0.122 0.038 0.008 
80 0.154 2.151 0.993 0.310 0.066 0.332 0.153 0.048 0.010 
 
 
                                                             
3 In Appendix C1 similar instantaneous static pressure shapes where found for the other turbine rotational speeds. 
Chopper 
Plate 
Measurement 
Plane 
Rotor 
Inlet 
Rotor 
Outlet 
Volute 
Inlet 
A 
B 
C D 
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Table 5-4: Unsteadiness Level (St.*) Measured by Szymko [77] and  Criterion for Rotor D 
f (Hz) 
St.* xSt.*
A B C D A B C D 
20 1.008 0.700 0.230 0.110 0.011 0.706 0.232 0.111 0.011 
40 0.787 1.400 0.470 0.230 0.022 1.102 0.370 0.181 0.017 
60 0.657 2.100 0.700 0.340 0.033 1.379 0.460 0.223 0.022 
80 0.551 2.800 0.930 0.460 0.044 1.542 0.512 0.253 0.024 
 
Table 5-3 shows the St.*,  and  for turbine speed of 1507 rpm/K0.5 and chopper plate 
frequencies of 20 Hz to 80 Hz. A schematic diagram in the table illustrates the location of the 
reference point (Rotor inlet) considered for the assessment of unsteadiness. Table 5-4 also 
reports the same parameters as in Table 5-3 calculated for the mixed-flow turbine tested by 
Szymko [77], namely rotor ‘D’.  
 
(a)      (b) 
Figure 5-6 (a) and (b): Comparison of Unsteadiness Characterization Using St.* and  at poin B  
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which locates the measurement plane for the LPT and Szymko [77] and Figure 5-6 shows the 
comparison. As the chopper plate frequency is increased the unsteadiness characterization 
using St.* is increased, suggesting that higher frequency pulsations produce a higher 
unsteadiness level. Despite the LPT was subjected to a lower pressure magnitude than the Rotor 
‘D’, the estimated level unsteadiness measured using the St.* would provide similar values for 
L T and rotor ‘D’. For instance, at the chopper plate frequency of 80 Hz the St.* for the LPT is 
approximately 0.993 and it is higher than calculated value for the rotor D ≈0.930. However this 
is not the case if the effect of the pressure amplitude weighing factor is considered in the 
assessment of flow unsteadiness. Figure 5-6 (a) and (b) show a comparison between the St.* 
and the -criterion measured at point B (Table 5-3) for both the L T and Rotor ‘D’. From the 
figures it is apparent that the magnitude of the LPT unsteadiness characterization is decreased 
significantly due to the lower pressure amplitude than the Rotor ‘D’. At the chopper plate 
frequency of 80 Hz the estimated unsteadiness characterization for the LPT is reduced from 
St.*=0.993 to =0.153 whereas for the rotor ‘D’ is less significant, St.*=0.930 to =0.512.    
 
 
Figure 5-7: Instantaneous Inlet Static Temperature at 1507 rpm/K0.5  
 
300 
305 
310 
315 
320 
325 
330 
0 60 120 180 240 300 360 
In
sa
ta
n
ta
n
e
o
u
s 
Te
m
p
e
ra
tu
re
, T
in
st
, K
 
Phase Angle, Degrees 
T1,inst at 1507 rpm/K
0.5 
20 Hz 
40 Hz 
60 Hz 
80 Hz 
158 
 
5.6.8.2 Instantaneous Temperature 
The instantaneous static temperature curves are given in Figure 5-7 for different 
frequencies (20Hz to 80 Hz).  From the figure it is clear that the temperature profile follows the 
same trend as the instantaneous static pressure given in Figure 5-7. This is not surprising since 
in order to calculate the instantaneous static temperature it was used the isentropic relation 
between static pressure and temperature (refer to Section 5.4.3). Therefore a similar curve 
trace to the instantaneous static pressure profile is obtained. In Appendix D2 more 
instantaneous static temperature traces for chopper plate frequencies between 20 Hz and 80 Hz 
are given for the speed parameter range of 1206 rpm/K0.5 to 1809 rpm/K0.5; the inlet static 
temperature traces follow the same trend as the static pressure profile.                 
 
 
Figure 5-8: Instanteneous Mass Flow Rate at 1507 rpm/K0.5 
5.6.8.3 Instantaneous Mass Flow Rate 
The measured instantaneous mass flow rate at pulse frequencies of 20 Hz to 80 Hz is 
given in Figure 5-8. The mass flow rate was evaluated at the measurement plane located 
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discussed in Section 5.6.5 was applied so that all the measured instantaneous variables were 
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Figure 5-8 shows a maximum instantaneous mass flow rate of 0.178 kg/s at pulsating 
flow frequency of 20 Hz.  As the chopper plate frequency increases from 20 Hz to 80 Hz, the 
peak value of the instantaneous mass flow rate is reduced and the phase angle location for the 
appearance of the secondary peak is increased (is shifted from 30˚ to 75˚ phase angle). The 
points A, B, C and D that are shown in the figure correspond to the secondary peak locations for 
the pulsating flow frequency range of 20 Hz to 80 Hz. Similar trend of the appearance of the 
secondary peaks was also found for the speed parameter range of 1206 rpm/K0.5 to 1809 
rpm/K0.5 at chopper plate frequencies between 20 Hz and 80 Hz (Appendix D3).  
 
 
Figure 5-9: Instantaneous Turbine Speed at 1507 rpm/K0.5 
5.6.8.4 Instantaneous Turbine Speed 
The LPT is designed to recover the exhaust energy downstream of the main turbine and 
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increases (from 20 Hz to 80 Hz), the amplitude of the instantaneous turbine speed decreases 
446 
447 
448 
449 
450 
451 
452 
0 60 120 180 240 300 360 
In
sa
ta
n
ta
n
e
o
u
s 
Tu
rb
in
e
 S
p
p
e
d
, r
p
s 
Phase Angle, Degrees 
ninst at 1507 rpm/K
0.5 
20 Hz 
40 Hz 
60 Hz 
80 Hz 
1.7 rps 
0.8 rps 
0.44 rps 
0.43 rps 
Higest rate of 
change area 
160 
 
from 1.7 rps, 0.8 rps, 0.44 rps to 0.43 rps; this corresponds to a 0.37%, 0.18%, 0.099% and 
0.096% variation of the time averaged turbine speed.  
 
(a)        (b) 
 
(c)        (d) 
Figure 5-10: Instantaneous Turbine Power at 1507 rpm/K0.5 
5.6.8.5 Instantaneous Isentropic and Actual Turbine Power 
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with the variation between the total inlet and exit static enthalpy. Thus, the fluctuation of the 
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fluctuating turbine power). From the figures it can be seen that actual and isentropic turbine 
power peak for same phase angle. This means that the phase shifting calculation was done 
correctly and it gives more confidence over the calculation of the turbine instantaneous 
efficiency.  
5.6.8.6 Turbine Performance 
The instantaneous Mass Flow Parameter, MFPinst characteristics of the LPT for the speed 
parameter of 1507 rpm/K0.5 are presented in the Figure 4-11 (a) to (d). The instantaneous MFP 
characteristics are plotted against the pressure ratio, PR and compared with those obtained 
under steady state. The figures show that the instantaneous Mass Flow Parameter, MFPinst 
curves present a hysteresis loop typical of a turbine subjected to ‘filling and emptying’ effect. In 
fact the instantaneous Mass Flow Parameter, MFPinst curves encapsulate, at all frequencies (20 
Hz to 80 Hz), those measured in steady state over the entire cycle. For ease of analysis, the 
curves have been divided into 3 sections which are 1-2, 1-3 and 3-1. In sector 1 (point 1 to 2), as 
the chopper plates rotate to the maximum opening area, the LPT volute is not filled with the 
increment of the pressure pulse. The evidence is clearly shown by the Figures 5-5 and 5-8 
where the primary peak locations between the pressure wave and the mass flow rate for each 
pulse frequency are different. As a result, a peak MFP occurs slightly lower than the peak static 
pressure point. The Figures 5-11 (a) to (d) show that the volute volume filling time reduces 
from 4.6 ms to 2.2 ms as the chopper plate frequency increases from 20 Hz to 80Hz.       
The volute emptying effect occurs between 2-3-4-1. However, a secondary peak of the 
pressure pulse and mass flow rate appear in the phase angle range of 150˚ to 270˚ (refer to 
Figures 5-5 and 5-8). Therefore, the volute emptying effect is divided into two sectors, 2-3 and 
3-1. In sector 2-3, the chopper plate rotated from the maximum opening area to the closing 
point. Despite the full closing of the chopper plates, the pressure wave travelled back and forth 
upstream of the turbine rotor. Consequently, the secondary peak of the mass flow rate appears.  
Point 4 in sector 3-4-1 of the Figures 5-11 (a) to (d) indicates a small effect of the secondary 
peak in the MFP characteristics.  
Szymko [77] deduced three different modes for the tested mid-sized mixed flow turbine 
rotor D. In the first mode, the hysteresis loop of the instantaneous Mass Flow Parameter, MFPinst 
corresponds with the rise of the static pressure and the mass flow rate. In this mode, the 
calculated St.* is near to the steady condition. Consequently the turbine is operated in the fully 
quasi-steady mode where the unsteady trends follow the steady curve. In the second mode, 
instantaneous unsteady trends encapsulate the steady trend because the instantaneous mass 
flow could not follow the rapid rise of the pressure pulse. In the final mode, the unsteady 
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hysteresis loop is mainly dominated by the bulk flow and the pressure wave that moves far 
away from the steady-state operation. This phenomenon occurs at higher frequencies but this is 
not present in any of the instantaneous Mass Flow Parameter, MFPinst curves of the LPT.  
 
(a)      (b) 
 
(c)       (d) 
Figure 5-11: Swallowing Capacity For Pulsating Flow at 1507 rpm/K0.5  
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mass flow rate and pressure amplitude for the LPT under pulsating flow condition is less than 
0.5 
1.0 
1.5 
2.0 
2.5 
1.00 1.10 1.20 1.30 1.40 
M
as
s 
fl
o
w
 P
ar
am
e
te
r,
 M
FP
 
Pressure Ratio, PR 
MFPinst vs PRinst at 20 Hz for 1507 rpm/K
0.5 
1507 rpm/K^0.5 
20 Hz 
Steady State 
20 Hz 
1 
2 
3 4 
4.6 ms 
0.5 
1.0 
1.5 
2.0 
2.5 
1.00 1.10 1.20 1.30 1.40 
M
as
s 
fl
o
w
 P
ar
am
e
te
r,
 M
FP
 
Pressure Ratio, PR 
MFPinst vs PRinst at 40 Hz for 1507 rpm/K
0.5 
1507 rpm/K^0.5 
0.5050 
Steady State 
40 Hz 
1 
2 
3 
4 
3.3 ms 
0.5 
1.0 
1.5 
2.0 
2.5 
1.00 1.10 1.20 1.30 1.40 
M
as
s 
Fl
o
w
 P
ar
am
e
te
r,
 M
FP
 
Pressure Ratio, PR 
MFPinst vs PRinst at 60 Hz for 1507 rpm/K
0.5 
1507 rpm/K^0.5 
0.4958 
Steady State 
60 Hz 
1 
2 
3 
4 
2.5 ms 
0.5 
1.0 
1.5 
2.0 
2.5 
1.00 1.10 1.20 1.30 1.40 
M
as
s 
fl
o
w
 P
ar
am
e
te
r,
 M
FP
 
Pressure Ratio, PR 
MFPinst vs PRinst at 80 Hz for1507 rpm/K
0.5 
1507 rpm/K^0.5 
0.4878 
Steady State 
80 Hz 
1 
2 
3 
4 
2.2 ms 
163 
 
that measured by Szymko [77] and therefore the effects of wave propagation on the mass flow 
rate is less apparent.  As a result, the instantaneous Mass Flow Parameter, MFPinst curves 
encapsulate those in steady state due to the slow rise of the instantaneous mass flow with 
respect the corresponding static pressure.    
 
 
(a)       (b) 
 
(a)       (b) 
Figure 5-12: Instantaneous Turbine Performance at 1507 rpm/K0.5 
The Figures 5-12 (a) to (d) show the pulsating flow turbine performance for the turbine 
speed parameter 1507 rpm/K0.5 for the pulse frequency range of 20 Hz to 80 Hz that are plotted 
in a similar manner with the steady-state turbine performance. The figures clearly indicate that 
the LPT is operating in the velocity ratio, VR range of 0.35 to 0.55. The turbine isentropic power 
0.3 
0.4 
0.5 
0.6 
0.7 
0.8 
0.30 0.40 0.50 0.60 0.70 0.80 
To
ta
l-
to
-s
ta
ti
c 
Ef
fi
ci
cn
y,
 
t-
s 
Pressure Ratio, PR 
t-sinst vs VRinst at  20 Hz for 1507 rpm/K
0.5 
1507 rpm/K^0.5 
20 Hz 
1 
0.3 
0.4 
0.5 
0.6 
0.7 
0.8 
0.30 0.40 0.50 0.60 0.70 0.80 
To
ta
l-
to
-s
ta
ti
c 
Ef
fi
ci
e
n
cy
, 
t-
s 
Velocity Ratio, VR 
t-sinst vs VRinst at 40 Hz for 1507 rpm/K
0.5 
1507 rpm/K^0.5 
40 Hz 
1 
0.3 
0.4 
0.5 
0.6 
0.7 
0.8 
0.30 0.40 0.50 0.60 0.70 0.80 
To
ta
l-
to
-s
ta
ti
c 
Ef
fi
ci
cn
y,
 
t-
s 
Pressure Ratio, PR 
t-sinst vs VRinst at  60 Hz for 1507 rpm/K
0.5 
1507 rpm/K^0.5 
60 Hz 
1 
0.3 
0.4 
0.5 
0.6 
0.7 
0.8 
0.30 0.40 0.50 0.60 0.70 0.80 
To
ta
l-
to
-s
ta
ti
c 
Ef
fi
ci
cn
y,
 
t-
s 
Pressure Ratio, PR 
t-sinst vs VRinst at 80 Hz for 1507 rpm/K
0.5 
1507 rpm/K^0.5 
80 Hz 
1 
164 
 
and actual power were measured in two different locations where the turbine torque was 
measured at the shaft of the turbine and the inlet static pressure and the mass flow rate were 
measured at the measurement plane. Therefore, the phase shifting technique was applied to 
ensure a common time frame of the bulk velocity travelling in the piping system so that the 
instantaneous total-to-static efficiency, t-s,inst is properly calculated. The instantaneous flow 
turbine total-to-static efficiency, t-s,inst shows a bigger hysteresis in comparison to the Mass 
Flow Parameter, MFP. This hysteresis corresponds to the variation of the instantaneous turbine 
speed. At chopper plate maximum opening area, the rate of change of the turbine speed 
increases the turbine fluctuating torque to peak value. Consequently, the total-to-static 
efficiency, t-s,inst increases from point 1 which is the starting of the chopper plate opening in the 
Figures 5-12 (a) to (d). It can be seen that, the hysteresis of the total-to-static efficiency, t-s,inst 
moves in counter clockwise direction.  
Table 5-5: Cycle-Averaged Efficiency for Pulsating Flow 
Speed 
Parameter 
(rpm/K0.5) 
Frequency 
(Hz) 
VRc-avg t-s,c- avg t-s,q-s,c- avg t-s,c-avg/t-s,q-s,c-avg 
1206 
20 0.3309 0.5677 0.5043 1.13 
40 0.3307 0.5721 0.5055 1.13 
60 0.3389 0.5424 0.5211 1.04 
80 0.3382 0.5907 0.5205 1.13 
1357 
20 0.3646 0.5824 0.5148 1.13 
40 0.3738 0.5386 0.5335 1.01 
60 0.3787 0.5342 0.5454 0.98 
80 0.3795 0.5835 0.5478 1.07 
1507 
20 0.4289 0.4911 0.5606 0.88 
40 0.4349 0.4860 0.5726 0.85 
60 0.4387 0.4834 0.5829 0.83 
80 0.4403 0.5686 0.5867 0.97 
1658 
20 0.4612 0.5489 0.5900 0.93 
40 0.4702 0.5514 0.6052 0.91 
60 0.477 0.5544 0.6213 0.89 
80 0.4849 0.5807 0.6328 0.92 
1809 
20 0.532 0.5942 0.6562 0.91 
40 0.5372 0.5368 0.6908 0.78 
60 0.5362 0.5253 0.6952 0.76 
80 0.5397 0.6188 0.6996 0.88 
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Table 5-5 reports the results obtained for the cycle averaged efficiencies. The test 
conditions are presented in the non-dimensional ratio between the turbine speed, n and the 
chopper plate pulse frequency, f. The fourth and the fifth column of the table report the cycle 
averaged total-to-static efficiency, t-s,c-avg and Velocity Ratio, VRc-avg calculated using Equations 
5-7 and 5-8, respectively. Thereafter, the energy weighted cycle average is used to calculate the 
quasi-steady assumption cycle average. The quasi-steady is applied in the pulsating flow 
assuming the rise of the instantaneous Mass Flow Parameter, MFPinst follows the changes in the 
pressure and mass flow rate. The instantaneous velocity ratio, VRinst was interpolated and 
extrapolated (for out-of-range velocity ratio, VR values) from the steady map to obtain the 
quasi-steady total-to-static turbine efficiency. Thereafter, the quasi-steady actual power was 
calculated using the instantaneous isentropic power. Finally, Equation 5-7 was used to calculate 
the cycle average efficiency. From the Table 5-5, the cycle average total-to-static efficiency, t-s,c-
avg from the quasi-steady assumption is increased as the speed parameters and chopper plate 
frequencies are increased. The maximum cycle average efficiency from the pulsating flow is 
approximately 0.6188 occurs at speed parameter of 1809 rpm/K0.5 and pulse frequency of 80 Hz. 
The final column of Table 5-5 reports the ratio between the cycle average efficiencies (t-s,c-
avg/t-s,q-s,c-avg) for every pulse frequency and turbine speed. The ratio is shown in Figure 5-13 (b).   
  
(a)       (b) 
Figure 5-13: Unsteady cycle-averaged and Unsteady/Quasi-steady cycle average ratio  
Figures 5-13 (a) and (b) shows the cycle average turbine performance and the cycle 
average discrepancy between the experimental result and the quasi-steady assumption against 
the f. Figure 5-13 (a) depicts a similar trend for each speed parameters where the cycle average 
efficiency reduces as the frequency increases, reaches a minimum at the pulse frequency of 60 
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Hz, and then increases at 80 Hz pulse frequency. The minimum cycle average efficiency at 60 Hz 
might be due to the fact that more mass flow is swallowed by the LPT at this frequency.  
As mentioned earlier, the cycle average parameters of the turbine in the quasi-steady 
assumption are calculated using the energy weighted averaged that is given in the Equation 5-7. 
Then, the ratio between the experimental result and the quasi-steady assumption is calculated 
and plotted against the chopper plate frequency as it is shown in the Figure 5-13 (b). For every 
speed parameter, the highest agreement is found at pulse frequency of 80 Hz. In general, as the 
frequency increases from 20 Hz to 60 Hz, the ratio between the cycle-average and the quasi-
steady total-to-static efficiency decreases and reaches a minimum at 60 Hz, and increases at 
pulse frequency of 80 Hz. This shows that the unsteadiness level increases as the pulse 
frequency is increased. The 60 Hz frequency is the transition frequency where as the frequency 
is increased beyond this value, the deviation between the unsteady and quasi-steady 
assumption is reduced because the fluctuation of the rotor acceleration and deceleration is 
reduced (refer to Figure 5-9).  
 
Figure 5-14: Comparison of the ratio between cycle-average and quasi-steady total-to-static 
efficiency, t-s  for the LPT with Imperial College developed turbine 
 
Figure 5-14 compares the cycle average ratio of the pulsating flow and the quasi-steady 
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Guided Turbine (VGT). The unsteady performance of the single entry volute of the Rotor ‘D’ was 
tested by Szymko [75]. The L T, Rotor ‘D’ and Rotor ‘A’ single entry show a similar trend of the 
ht-s,c-avg/ht-s,q-s,c-av ratio at lower frequency and higher frequency. However, there is not a clear 
trend for the Rotor ‘A’ twin entry turbine. However it is certain that at the lower frequency the 
unsteadiness level is minimised and a lesser amount of the unsteadiness level at the higher 
frequency is caused by a lower pulse amplitude factor.       
5.7 Summary 
This chapter discusses the turbine performance under pulsating flow condition. The 
unsteadiness level of the pulsating flow is analyzed for the turbine speed parameters range of 
1206 rpm/K0.5 to 1809 rpm/K0.5 and the chopper plate frequency was set from 20 Hz to 80 Hz to 
create the pressure disturbance. The St.* number and the  criterion were used to analyze the 
unsteadiness level. At 80 Hz frequency the pressure weighing factor,  gave a significant effect 
to reduce the estimated unsteadiness level from 0.993 using the St.* to only 0.153 using the  
criterion. The results also show the pulsating flow produces a hysteresis that encapsulates the 
steady-state turbine performance parameter. The comparison of the quasi-steady assumption 
and turbine testing cycle average 
         
              
  shows that the ratio is decreased as 
the chopper plate frequency increases, reaches a minimum at 60 Hz, and then increases at 
higher pulse frequencies (80 Hz).  
168 
 
Chapter 6:  LPT Impact on Engine Performance 
6.1 Synopsis 
This chapter discusses the impact of the Low Pressure Turbine on the performance of a 
1.0L highly downsized gasoline engine. A validated 1-D gas dynamic engine simulation analysis 
is used to investigate the LPT location on the engine exhaust. A steady-state part load engine 
simulation is carried out at the optimized LPT location. The last part of this chapter discusses 
the test results for the LPT installed on a real 1.0L engine at Ricardo UK ltd in Shoreham 
Technical Centre engine testing facility. 
6.2 Engine Validation 
A 1-D model of a turbocharged 1.0L 3-cylinder gasoline engine was developed and 
validated with actual engine test data as reported by King et al. [96]. The results are shown in 
Figure 6-1 and are compared with those obtained from the baseline engine model. The HyBoost 
concept proved to be successful with regards the maximum torque (240 Nm) which could be 
achieved by the synergistic integration of already available technologies.  An electric 
supercharger developed by Controlled Power Technologies was operated at lower engine rpm. 
The figure also shows that the model results, although following the same trend as the engine 
test data, do not achieve the same torque as engine test results at low engine rpm. The reason 
for this can be attributed to the fact that the engine model was developed at an early stage of the 
HyBoost project when much of the optimization procedures of the boosting system and of the 
components included in the final tested engine (novel intake air path to include the 
supercharger and fitment of a new high efficiency Valeo Water Charge Air Cooler system) could 
not be considered in the model.  
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Figure 6-1: 1-D Engine Simulation Validation Against Test Results 
  
6.3 1-D Engine Architecture Optimization 
The architecture of the baseline engine is shown in Figure 6-2. The engine model is 
simulated for a range of constant engine speeds varying from 1,000 rpm to 6,000 rpm. Three 
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Figure 6-2: Turbocompounding Unit Position 
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different arrangements of engine architectures for the LPT location are shown in the Figure 6-2: 
(1) pre-catalyst, (2) post-catalyst and (3) in the waste-gate of the main turbocharger. The steady 
map obtained from testing is entered into a 1-D engine model which includes the 
turbocompounding unit. The optimum location for the turbocompounder within the engine 
architecture was determined based on evaluation of BSFC and BMEP. 
In order to achieve and maintain the 50,000 rpm and 1.0 kW power output, an external 
bypass and a shaft torque controller had to be included in the model. The additional power 
generated by the turbocompounding (≈1.0 kW) was directly supplied into the engine crankshaft 
with the assumption of 100% mechanical efficiency.  
 
Figure 6-3: Impact of the LPT on BSFC 
 
The outcome of the simulation are reported in Figures 6-3 and 6-4 with BSFC and BMEP 
(normalized with the values obtained at 1500 engine rpm) for the three turbocompounding 
arrangements under investigation are plotted and compared to those obtained for the baseline 
engine. In order to facilitate the discussion, the percentage variation of the BSFC and the BMEP 
with respect to the baseline engine model are shown on the secondary axis in both Figures 6-3 
and 6-4 with their definitions given in Equations 6-1 and 6-2, respectively. For greater detail, 
the exact data are reported in Tables 6-1 and 6-2. 
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        6-2 
  
Figure 6-4: The BMEP sensitivity of the different architecture 
From Figure 6-3, it can be inferred that the addition of the turbocompounding unit is 
beneficial to the reduction of fuel consumption depending on its position in the engine layout. At 
low engine rpm (<2,000 rpm) the Pre and Post-catalyst position for the turbocompounding have 
a similar impact on BSFC with a drop of more than 2% (max BSFC reduction was found for the 
Post-catalyst position at 1,500 engine rpm ΔBSFC -2.41%). Nevertheless as the engine speed 
increases the benefits associated with the turbocompounding unit deteriorate at a faster rate 
for the Pre-catalyst than the Post-catalyst position. For instance at 6,000 rpm the Pre-catalyst 
position offers in practice no reduction in fuel consumption (ΔBSFC   -0.04%) whereas the 
Post-catalyst still provides a 0.57% less fuel consumption. This can be attributed to higher 
amount of back-pressure due to the position of the turbocompounding which acts as a restrictor 
when it is located directly downstream of the main turbocharger (Pre-catalyst position). This is 
further confirmed by the poor BSFC performance data for the turbocompounding when 
positioned in the waste-gate of the main turbocharger (= in parallel with the main 
turbocharger). Nevertheless the parallel position for the turbocompounding unit reveals to be 
inadequate to provide a significant reduction in BSFC at lower engine rpm. This can be 
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attributed to the low power produced by the turbocompounding unit at low engine rpm (refer 
to Figure 6-4) as it will be explained later. 
Table 6-1 : Normalized BSFC comparison for different LPT positions 
Engine 
speed 
[rpm] 
Normalized 
BSFC 
Pre Cat 
ΔBSFC 
[%] 
Normalized 
BSFC 
Post Cat 
ΔBSFC 
[%] 
Normalized 
BSFC 
On WG  
ΔBSFC 
[%] 
6000 0.991 -0.04% 0.991 -0.57% 0.980 -1.15% 
5500 0.956 -0.12% 0.956 -0.63% 0.947 -1.03% 
5000 0.964 -0.16% 0.964 -0.70% 0.952 -1.38% 
4500 0.929 -0.20% 0.929 -0.81% 0.923 -0.85% 
4000 0.906 -0.62% 0.906 -1.12% 0.905 -0.74% 
3500 0.897 -0.75% 0.897 -1.43% 0.899 -0.50% 
3000 0.897 -1.25% 0.897 -1.80% 0.905 -0.29% 
2500 0.912 -2.38% 0.912 -2.26% 0.932 -0.20% 
2000 0.935 -1.92% 0.935 -2.29% 0.952 -0.04% 
1500 0.980 -2.06% 0.980 -2.41% 1.002 0.22% 
1000 0.973 -1.04% 0.973 -1.35% 0.985 0.27% 
 
The engine simulation shows that peak BMEP is achieved at 1500 rpm.  Figure 6-4 
shows that the largest improvement in BMEP is obtained for the turbocompounding in the Post-
catalyst position (ΔBME  2.21% at 1500 rpm). However, at engine rpm 5500 rpm to 6000 rpm 
negative values for the ΔBME  was measured (-0.21% -0.58%). In summary, the Post-catalyst 
solution has a positive impact on BMEP over the whole range of engine speeds. On the contrary 
the ΔBME  obtained for the turbocompounding unit in  re-catalyst position is never as high as 
that obtained for the Post-catalyst  position (apart for 1000 rpm) and the negative impact on 
BMEP occurs at higher engine rpm, 4000 rpm   6000 rpm, for which a ΔBME  of  -0.14%   -
1.57% was measured. Finally BMEP was found to be almost insensitive to the 
turbocompounding when positioned in the main turbocharger waste-gate. Again this can be 
considered to be as a direct consequence of the low power produced by the turbocompounding 
unit when positioned in the waste-gate, as shown in Figure 6-4. 
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Table 6-2: Normalized BMEP comparison for different LPT positions 
Engine 
speed 
[rpm] 
Normalized 
BMEP 
Pre Cat 
ΔBMEP 
[%] 
Normalized 
BMEP 
Post Cat 
Normalized 
ΔBMEP 
[%] 
Normalized 
BMEP 
On WG  
ΔBMEP 
[%] 
6000 0.802 -1.57% 0.810 -0.58% 0.819 0.57% 
5500 0.886 -1.16% 0.895 -0.21% 0.902 0.67% 
5000 0.947 -0.84% 0.956 0.15% 0.963 0.82% 
4500 0.994 -0.61% 1.004 0.37% 1.008 0.79% 
4000 0.992 -0.14% 1.001 0.75% 1.001 0.75% 
3500 0.985 0.33% 0.993 1.13% 0.987 0.57% 
3000 0.999 0.84% 1.006 1.48% 0.994 0.33% 
2500 0.989 1.08% 0.999 2.01% 0.980 0.19% 
2000 1.008 1.76% 1.012 2.17% 0.991 0.05% 
1500 1.009 1.94% 1.012 2.21% 0.987 -0.24% 
1000 0.677 3.86% 0.707 3.00% 0.649 -0.29% 
 
Figure 6-5 shows the power generated by the turbocompounding unit at constant 
rotational speed of 50,000 rpm. From the figure, it is apparent that the Pre and Post-catalyst 
arrangements succeed in providing the 1kW power target for almost any engine speed (apart 
for the 1500 engine rpm for which a power output of 0.73kW was calculated). The same does 
not occur for the turbocompounding installed in parallel with the main turbocharger. Figure 6-5 
clearly shows that for such an arrangement, the power output from the turbocompounding unit 
is always well below the 1kW target, in particular at low engine speed where even negative 
power was measured. This can be attributed to the fact that at low engine rpm the main 
turbocharger is only partly bypassed and so little mass flow is left to feed the 
turbocompounding unit. 
In addition to the analysis done on the power generated by the turbocompounding unit 
under the constraints imposed by the requirements of the HyBoost project (refer to Table 1-3), 
an additional set of simulations was carried out in order to assess the maximum power which 
could be generated by the turbocompounding unit when no limitation on power output was set 
(while still maintaining the 50,000 rpm target). The outcome of this simulation are shown in 
Figure 6-5 where it can be noticed that with no constraint in power output, the actual power 
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that could be generated by the turbocompounding unit could go up to 4kW. This is quite 
interesting since it shows that the application of this newly designed LPT can be extended 
beyond small engines  
 
Figure 6-5: Power output for the LPT at 50,000 rpm: comparison with the case where no 
constraint is set on max power 
 
6.4 Part Load Improvement 1-D Modelling  
ICEs operate over a wide range of different speeds and load conditions. Part load engine 
is the condition when the ICE is operated below their rated output during cruising or idling, and 
its maximum power output is produced occasionally during acceleration or climbing. 
Subsequently, during part load condition, the engine output is restricted in order to maintain a 
given engine speed and the throttle limits the airflow into the engine. Therefore, a constant air-
to-fuel ratio (AFR) is maintained by reducing the fuel rate. The volumetric efficiency, v that is 
defined as the ratio of the trapped air mass to the maximum mass of air that could be contained 
in the cylinder is reduced at part load condition. For natural aspirated engines, the intake 
pressure that is drawn into cylinder is less than ambient pressure and exhaust pressure. Thus, 
the engine is required to work against manifold depression resulting in a negative work which 
is also known as pumping work as discussed earlier (refer to Figure 1-5). In addition, the 
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specific fuel consumption increases as the pumping work increased. In boosted engines 
(supercharger or turbocharger assisted), the pumping work is removed by boosting the air 
through intake manifold. 
 
 
Figure 6-6: Steady-State Full Load and Part Load Boosting Target 
An assessment on engine performance was also carried at part load conditions for the 
turbocompounded engine. Unlike the full load case, the post-catalyst position only was 
considered for the part load analysis since this is the arrangement showed greatest potential in 
terms of improvement. In order to perform the analysis, five reference engine speeds were 
selected (1500 rpm, 2000 rpm, 2500 rpm, 3000 rpm and 4000 rpm) and the analysis was 
accomplished for intermediate engine operating conditions which were obtained by setting the 
fuel flow rate, the intake manifold pressure and the throttle opening area. The compressor 
operating conditions (boost pressure ratio) for the selected engine speeds are shown in Figure 
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6-64. The figure shows the targeted boost pressure ratio at full load condition (black line) 
together with those under part load conditions (green, blue, purple, orange and red line). 
Similar to the full load case, the BSFC and BMEP, were calculated for each engine operating 
conditions and compared with those obtained for the baseline engine as reported in Equations 
6-1 and 6-2. It is worth noting that the part load operation changes the engine air-to-fuel ratio 
(AFR) thus reducing the available blow down exhaust energy. Therefore it is reasonable to 
present the results obtained for the part load engine operating conditions according to the part 
load fuel flow rate ratio which is defined as the ratio between the fuel flow rate at part load 
(FFRPart Load) and that at full load (FFRFull Load), as given in Equation 6-3 below: 
    
            
            
         6-3 
 
Figure 6-7: Steady-State Part Loads Impact on BSFC 
In order to evaluate the impact of the turbocompounding unit on engine performance, 
two different scenarios were considered: the first in which the excess power recovered by the 
turbocompounding unit is directly fed-back to the engine crankshaft and the second, where the 
recovered energy is simply stored and not reused for any operation. In this way it was possible 
                                                             
4 It should be noted that in the Figures 6-6 to 6-9, a standard notation data series is used to symbolize different 
engine speeds. A diamond represents the engine’s speed at 1500 rpm, a square corresponds to 2000 rpm, a triangle 
illustrates for 2500 rpm, cross for 3000 rpm and a circle is stand for 4000 rpm. 
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to assess the mechanical benefit of the turbocompounding on engine performance and the 
impact of pumping work as an effect of increased back-pressure.  
 
Figure 6-8: BMEP effect from the turbocompounding 
 
Figures 6-7 and 6-8 illustrate the evaluated parameters such as BSFC and BMEP for part 
load simulations. The standard notation for the turbocompounding unit in Figures 6-7 and 6-8 
are the solid and dashed lines which correspond to the conditions when the LPT power is either 
feeding into the engine or stored. The vertical axis of the Figure 6-7 shows the effect of the 
turbocompounding unit on BSFC at part load operation. The benefit of LPT is apparent only 
when the recovered energy is regenerated into the engine, thereby outweighing the 
disadvantage of increased  BSFC. During the part load operations, it can be inferred that the 
addition of the turbocompounding unit is beneficial to the reduction of fuel consumption with a 
maximum reduction in BSFC approximately ≈-2.6 % at PLR = 0.85 and 1500 rpm. It is worth 
noting that the maximum BSFC for every engine rpm occur at part load operations rather than 
full load. This may be due to the setting of the LPT external by-pass which at full load conditions 
is not capable of diverting the exhaust gases away from the LPT, thus causing an increased back-
pressure and hence increased pumping work. The same does not occur at part-load operations 
where the reduced amount of exhaust gases can easily be split between the by-pass and the LPT 
thus reducing the pumping work. 
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Figure 6-9: PMEP effect from the turbocompounding unit 
Figure 6-8 illustrates the variation of the BMEP between the turbocompounded engine 
and the baseline engine that were modelled at steady state part load condition. The  BME  is 
shown on the vertical axis and the PLR is shown on the horizontal axis. The negative value of 
 BMEP indicates a drawback to the engine. The maximum deficit of the BMEP value of 0.22 bar 
is found at 4000 rpm. It can be clearly seen in Figure 6-9 that the installation of the LPT restricts 
the exhaust flow and has increased the pumping work. However, as soon as the power from the 
LPT is regenerated into the engine, the BMEP increases. The maximum benefit of the BMEP is 
found at 1500 rpm (ΔBME ≈0.67 bar,  LR≈1.0). The engine pumping work increases as the 
engine speed increases. Consequently, the benefit of the BMEP into the engine is less at higher 
engine speed.  
6.5 Engine Testing Performance 
This section discusses the effects of installing LPT on a heavily downsized 1.0L engine. 
The engine testing was done by running in 2 scenarios. Firstly, the original piping layout of the 
exhaust system was modified. The exhaust pipe length between the baseline engine and 
turbocompounding engine are equal. Secondly, the LPT loaded by a commercial turbocharger 
compressor was installed on the engine. The engine performance was measured at engine 
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speeds ranging from 1000 rpm to 6000 rpm for full load and part load conditions. The engine 
testing was conducted in the Ricardo UK ltd, Shoreham Technical Centre engine testing facility.  
6.5.1 Test Bed Facility and Instrumentation 
The test bed facility and data instrumentations were provided by Ricardo UK ltd, 
Shoreham Technical Centre.  
 
Figure 6-10: Heavily downsized 1.0L Ford EcoBoost Installed onto the Dynas3 (Courtesy of 
Ricardo UK ltd) 
 
6.5.2 Engine and Test Bed Facility 
The testing facility at Ricardo UK ltd is equipped with an eddy current dynamometer 
type Dynas3. The dynamometer is capable of measuring the steady state, transient and dynamic 
engine performance. The Figure 6-10 shows the installation of the heavily downsized 1.0L 
Ecoboost engine onto the dynamometer. The turbocompounded engine testing was 
accomplished at the steady state engine operation. The application of the WCAC (Water Charge 
Air Cooler) reduces the engine intake temperature so that the lamba,  which is the ratio of 
actual AFR to stoichiometric is maintained at 1.0 and the optimum BSFC can be achieved in the 
engine operation. 
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6.5.3 Engine Control and Data Instrumentation 
The illustration of the engine control and data instrumentation is shown in the Figure 6-
11. The STARS is used to control and monitor the steady state testing condition on the 
dynamometer.  The dynamometer can be operated in manual and automated mode using the 
Talisman data acquisition control that receives all incoming channels from I/O modules. The 
Talisman DAQ controls the manual and automatic testing procedures and issues outputs to 
relays and devices. In the manual mode, the engine is controlled via dial knobs.  In the 
automated mode, several data points were set up in the STARS and send to the Talisman DAQ. 
Thus, the Design of Experiment (DOE) can be run overnight. The coolant temperature, engine 
intake temperature and other engine parameters such as speed and load are controlled 
manually or automatically using the Talisman system. The S3000 manages the engine and 
dynamometer speed and loads according to the set point in the Talisman DAQ and feedback 
from the dynamometer. Several set-points for the throttle rack and dynamometer drive were 
issued to match between the speed and engine load. The STARS PC displays the readings from 
temperature and pressure channels and as well as logging the data. The engine parameters are 
monitored continuously by using the STARS automation software. The STARS PC serves as the 
interface between the user and the Talisman system. 
 
Figure 6-11: Schematic Engine Control and Instrumentation (Courtesy of Ricardo UK ltd) 
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In general, the engine in the vehicle is controlled by a BOSCH ECU. In the testing facility, 
a calibration PC was used to communicate between the engine ECU and the automation control. 
This enables the calibration PC to modify the ECU parameters and mapping. The data logging of 
the engine parameters is centralized and controlled by Ricardo server system. The logging time 
of the measured data are accomplished in 20s for each data point at the sampling rate of 1 kHz. 
Then, the ensemble data are averaged and sent to the Talisman Data Acquisition system for the 
post processing. 
6.5.4 The Turbocompounding Unit 
The LPT operating speed at 50,000 rpm and 1.0 kW of turbine power are small 
compared to those of conventional turbines. The amount of recovered exhaust waste energy is 
measured by the product of the mass flow rate and the enthalpy change of the loading 
compressor. Thus, a compressor that can operate at low speeds and mass flow rates is the main 
criteria of the selection.  
Analysis based on Figure 6-13 show that the suitable compressor size is in the exducer 
diameter range of 50 mm to 70 mm. As a result, a compressor from a commercial turbocharger 
produced by Garret type GT2860RS Ball Bearing Turbo was selected. Appendix E1 gives the 
turbocharger specifications, geometry and performance. The turbocharger is internally waste-
gated. The equipped ball bearing is cooled by oil and water. The compressor wheel is 60.0 mm 
and 47.2 mm in the inducer and exducer diameter, respectively. The turbine of the turbocharger 
was removed and replaced with the LPT. Meanwhile, the bearing housing was retained and a 
Figure 6-12: Talisman Data Acquisition System (Courtesy of Ricardo UK ltd) 
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new shaft linking the compressor wheel and the LPT was fabricated. A new heat shield covering 
the back face of the turbine volute and the bearing housing was also manufactured. Appendix E2 
and E3 show the Turbine Shaft and the Turbine Heat Shield technical drawings. 
 
Figure 6-13: The correlation of the MFP, PR and Compressor Diameter to receive 1 kW at 50,000  
rpm  
 
6.5.5 Turbocompounding Assembly 
The assembly of the LPT on the commercial Garret compressor is shown in Figure 6-14. 
The LPT was installed after the catalyst. The exhaust gas temperature increases as the engine 
speed increases. From the engine testing, it was found that a maximum exhaust temperature of 
1200 K is produced at the exit of the catalyst. The turbine heat shield that is placed between the 
bearing housing and the turbine volute was made from the stainless steel. The heat shield 
prevents the high temperature exhaust gas from escaping at the back face of the volute. 
However, at the higher exhaust gas temperatures, the heat shield expands and jams the turbine. 
Consequently, a clearance value of 0.75 mm between the turbine heat shield and the back face of 
the turbine rotor was specified. In addition, the bearing housing was cooled by water. A closed 
circuit water pump was installed into the bearing housing. Figure 6-15 shows the installation of 
the water coolant. The water coolant flow rate and the inlet temperature were set at 12.4 l/min 
and 23 ˚C at inlet gauge pressure of 0.25 bar.      
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Water Coolant 
Figure 6-15: The installation of the water coolant 
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1: Turbine Volute 
2: Turbine Rotor 
3: Heat Shield 
4: Volute Lock Plate 
5: Shaft 
6: Scroll Heat Shield 
7: Compressor Scroll 
8: Compressor Wheel 
9: Bearing Housing 
10: Water Inlet 
Figure 6-14: Turbocompounding Assembly  
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A Castrol 10W-40 engine oil was used for bearing lubrication. The oil pump that was 
used to deliver the oil at the flow rate of 4.8 l/m into the bearing housing heated up the engine 
oil at approximately ≈ 60˚C. It was powered by 1.1 kW motor at 1210 rpm rotational speed. Part 
of the LPT power was dissipated in the form of heat transfer through the shaft and the bearing 
housing. Thus, the accurate measurement of the oil temperature is significant. Two K-type 
thermocouples were installed to measure the temperature difference of the lubricant oil 
between the inlet and the outlet of the bearing. 
6.5.6 Turbocompounding Instrumentation and Installation 
The pressure transducers type Schenck with gauge pressure up to 2 bar and K-type 
thermocouples were located at 7 locations on the turbocompounding unit. The K-type 
thermocouple is made of 90% of nickel and 10 % of chromium and is capable to measure 
accurately within a temperature range of -200 ˚C to 1350 ˚C. Figure 6-16 gives the schematic 
layout of the turbocompounding instrumentation. All the pressure transducers were placed in 
the instrumentation rack. Then, the pressure transducers and thermocouples were connected to 
the Talisman DAQ. Also, the measurement of the mass flow rate at the compressor inlet which 
3
4
6
5 71
2
Main Turbocharger
Turbocompound
Figure 6-16: Schematic layout for the Turbocompounding Instrumentation 
Inlet 
Exit 
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was made by using the Bosch hot-wire mass flow meter model 0281-002-618 was connected to 
the Talisman DAQ.      
 
Three manual butterfly by-pass valves were installed into the turbocompounding layout. 
Two by-pass valves were used to adjust the compressor loading at location 1 and 2 in the Figure 
6-17. Meanwhile, the exhaust gas was by-passed at location 6 so that the turbine rotational 
speed can be maintained at 50,000 rpm. In general, the exhaust by-pass valve was opened at 
higher engine brake power. Figure 6-17 also exhibits the instrumentation layout in the test cell. 
An optical sensor, type DS1 4638 measured the speed of the compressor wheel. It was 
continuously monitored during the testing. The by-pass valve was opened according to the 
engine loading.        
Two engine operating scenarios were accomplished in the engine testing. In the first 
scenario, the turbocompounding was installed into the engine and then, in order to evaluate the 
impact of the turbocompounding system (including the ducting and so on) on engine 
performance, the turbocompounding unit was removed and a new set of engine testing was 
Figure 6-17: Turbocompounding Instrumentation in the test cell 
By-Pass Valve 
By-Pass Valve 
Hot-Wire  
Mass Flow Meter 
By-Pass Valve 
Compressor 
Turbine 
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carried out at similar load and engine rpm. Figure 6-18 shows the modified piping layout of the 
baseline engine. With regards to the first engine scenario, the baseline engine was run at the full 
and part load steady-state engine operations.          
 
 
Figure 6-19: Full Load and Part Load Engine Loading Setting and Attained LPT Speed 
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Figure 6-20: BMEP of the Engine  
6.5.7 Result and Discussion 
The engine was tested at the steady-state operation for the engine speed range of 1000 
rpm to 4000 rpm at full load and part load conditions. The engine test conditions are shown in 
Figure 6-19. Figure 6-19 indicates that at a low engine speeds and a small engine loads, the LPT 
rotates much lower than its design speed. As soon as the engine load and engine speed is 
increased, the LPT speed is increased. The butterfly by-pass valve opens when the LPT speed 
exceeded 50,000 rpm. The by-pass valve percentage of opening is given in the Figure 6-19. It 
can be seen that, the opening of the by-pass valve is increased from % of valve opening to 25% 
of valve opening as the engine speed and engine load are increased. The maximum brake torque 
value of 215 N.m was achieved at the engine speed of 2500 rpm in the engine testing. In the 
baseline engine scenario, the engine was loaded with the similar brake loading as shown in the 
Figure 6-19. The higher engine torque is achieved at the higher combustion temperatures. As a 
result, if the temperature of the fuel-air mixture exceeds the self-ignition temperature, the 
mixture will self-ignite, creating unstable pressure waves in the cylinder block which can 
damage the engine. This phenomenon is known as knock. During the engine testing, the λ value 
of the engine was reduced to achieve a higher brake torque. The lower λ value delays the fuel-
air mixture ignition in the combustion area. The engine BMEP for the tested engine is shown in 
Figure 6-20. A similar trend that is observed from engine loading map is illustrated in the figure. 
The maximum BMEP value of 26 bar is observed.  
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6.5.8 LPT Characteristics  
The actual power output of the LPT was measured from the summation of the power 
consumed by the centrifugal compressor that acted as the power absorber, and the heat transfer 
occurring within the bearing housing. The compressor air mass flow rate was measured by 
using the Bosch Hot-wire mass flow meter at the inlet of the compressor. The bearing oil flow 
rate was set at 4.3 l/min. Equation 6-4 is used to calculate the LPT actual power.  
                                                               6-4 
The specific heat at constant pressure         of the bearing oil was calculated from the Equation 
6-5 given by Thome [97].  
             
                        
 
 
  
        6-5 
where S is the ratio of the oil density to the water density which is approximately 0.85. In 
general, the cp,oil value for the testing condition was approximately 3.159 kJ/kg. From the heat 
analysis, the bearing heat loss maximum value of 6.87 W or approximately 0.5% of the actual 
turbine power was found in the testing. The water coolant was activated during testing ensuring 
a relatively small bearing heat loss.  
The load ratio for the engine testing is defined in the Equation 6-6.    
    
            
           
        6-6 
where Br.TorqueP.L is the brake torque at part load and Br.TorqueWOT is the brake torque at Wide 
Open Throttle (WOT).  
The measured LPT power from the engine testing is shown in Figure 6-21 where the 
turbine actual power is plotted against the Load Ratio, LR for the engine speed range of 1000 
rpm to 4000 rpm. The turbine speed was limited at 50,000 rpm by opening the butterfly by-pass 
valve. The maximum LPT power is limited at 1.3 kW. The turbine power is generated from the 
hot exhaust gas expansion through the LPT and it is directly proportional to the exhaust gas 
flow rate. The figure clearly shows that the actual turbine power is increased as the engine LR 
and engine speed increases.     
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Figure 6-21: LPT Actual Power at Full Load and Part Load  
 
Figure 6-22: Mass Flow Parameter, MFP of the Exhaust gas 
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The Mass Flow Parameter, MFP is plotted against the engine LR and is shown in Figure 
6-22. As the engine speed and engine load ratio are increased, the MFP increases. The increment 
of the exhaust nondimensional MFP increases the isentropic power of the LPT.  Since the VTES 
Electric Supercharge was not installed in the engine testing, the maximum brake torque of the 
engine was not achieved. At higher brake torque, the temperature of the fuel-air mixture 
approaches the Self-Ignition Temperature (SIT). Due to this, the λ ratio was decreased to 
minimise the engine knock. From the Figures 6-21 and 6-22, the reduction of the λ value 
decreases the nondimensional MFP of the LPT. Consequently, the actual turbine power dips are 
observed at higher engine Load Ratio for the engine speed starting from 1500 rpm in the Figure 
6-21.  
6.5.9 LPT Impact on Engine Performance 
As earlier mentioned, the power generated by the LPT is directly proportional to the 
amount of the exhaust flow rate. The impact of the LPT installation on the engine is analyzed by 
comparing the amount of the recovered energy to the baseline engine brake power. The engine 
brake power is the rate of work of the engine that is generated by the thermodynamic cycle and 
it is the product of the engine brake torque, t and engine speed, n. Equation 6-7 gives the 
equation for the engine brake power.  
                          6-7 
The analysis of the LPT installation onto the downsized engine is similar to the 1-D engine 
modelling where the total brake power,       is the summation of the engine brake power,    
and the LPT power,      as given in Equation 6-8.   
                         6-8 
In general, the engine brake power (    ) gives the BSFC.  
       
   
    
         6-9 
where     is the fuel flow rate. Then; the total brake power fuel consumption is given in 
Equation 6-10. 
        
   
     
         6-10 
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(a)      (b) 
  
(c)       (d)
 
(e)       (f) 
Figure 6-23 (a)–(f): The BSFC Implication on the Engine 
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Figures 6-23 (a) to (f) show the effect of the LPT on the engine BSFC for the engine 
speed range of 1000 rpm to 4000 rpm. The figures compare the performance of the downsized 
engine that was installed with the LPT and the baseline downsized engine at full load and part 
load condition.   Generally, it can be seen that the BSFC decreases as the engine load ratio 
increases, attains a minimum value, and then increases at higher engine load ratio. The BSFC 
increases at the higher engine load ratio because of the higher friction losses. However, at lower 
engine loading, the engine friction increases the BSFC. The figures also show the  %BSFC 
between the downsized engine with the LPT and the baseline engine. The negative value of the 
 %BSFC indicates a good impact on the engine fuel consumption. At the lower engine loading, 
less energy is recovered from the exhaust gas. As a result, the  %BSFC is less. As soon as the 
LPT recovers the exhaust energy at higher engine loading, the reduction of the  %BSFC is 
observed. The peak reduction of the  %BSFC for each engine speed is summarized in the Figure 
6-24. The maximum reduction of 2.6 % of the BSFC is found at full load engine speed of 2500 
rpm.     
 
Figure 6-24: Comparison of the Maximum BSFC Reduction at each Engine Speed  
 
The BMEP was calculated from Equation 6-11.  
        
     
   
         6-11 
where Vd is the engine displacement.  
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(a)      (b) 
 
(c)       (d) 
 
(e)       (f) 
Figure 6-25: The BMEP Impact on the Engine 
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The BMEP is a parameter used to compare engines as it is independent of the engine size 
and speed. In the heavily downsized engine where the engine brake power is maintained, the 
BMEP is higher than its reference engine due to the smaller cylinder volume. The impact of LPT 
on BMEP of the downsized engine is compared against the baseline engine and is presented in 
the Figures 6-25 (a) to (f). The difference of the BMEP between the installed LPT engine and the 
baseline engine is given on the secondary vertical axis so that it will guide to understand the 
figures. The figures show that the recovered exhaust energy has increased the BMEP and the 
maximum  BME  value of 0.65 bar is observed at the engine speed of 2500 rpm.  It can be seen 
that the  BME  increases as the engine load ratio increases for each engine speeds. This is due 
to a higher exhaust flow which has increased the amount of recovered energy at higher engine 
load.  
 
(a)       (b)
 
(c)       (d) 
Figure 6-26 (a)-(d):Comparison of the BSFC result between the testing and the 1-D model 
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6.5.10 Comparison between simulation and experimental engine testing 
The impact of installing the LPT into the HyBoost engine in term of the BSFC is 
compared between the engine testing and the 1-D gas dynamic engine simulation. Figures 6-26 
(a)-(d) depict the results for 1500 rpm, 2000 rpm, 2500 rpm and 3000 rpm engine speeds. The 
engine LR for the 1-D gas dynamic engine modelling was calculated according to the Equation 6-
11. Apart from the higher engine loading condition, the predicted BSFC results from the engine 
modelling are always higher than the engine testing. At higher engine loading, the lambda, λ 
ratio was set less than 1.0 so that the engine knock can be avoided.  
The BSFC variance distribution (s2BSFC) which is the difference of the engine modelling 
and the engine testing results is presented on the secondary axis of the Figures 6-26 (a) – (d). 
For each turbine speed the s2BSFC decreases as the Load Ratio increases, arrives at a minimum 
and increases at higher load. The standard deviation for each engine speeds is summarised in 
the Table 4-5. A minimum sBSFC value is found at 3000 rpm. 
Table 6-3: Standard deviation, BSFC for each engine speed 
Engine Speed (rpm) 1500 2000 2500 3000 4000 
sBSFC 0.0254 0.0525 0.0298 0.0238 0.0313 
      
6.6 Summary 
Prior to the engine simulation, the engine model was validated against the engine testing 
provided by the HyBoost engine testing result. The steady state 1-D gas dynamic engine 
performance prediction was carried out to analyze the impact of installing the LPT on the 
heavily downsized 1.0L gasoline engine for the engine speed range of 1000 rpm to 6000 rpm. In 
the first part of the engine simulation, the optimum location for the LPT installation was found 
at the post catalyst of the engine. It is shown that as much as 2.4 % of the BSFC can be reduced 
and a maximum of 3.00 % of the BMEP can be increased if the LPT is installed at the post 
catalyst position. In the second part, the 1-D gas dynamic modelling engine simulated the steady 
state part load.  The analysis found that the installation of the LPT increased the pumping work 
and as a result it increased the BSFC as much as 0.75 % and reduced approximately 0.25 bar of 
the BMEP. However, as soon as the recovered exhaust energy is regenerated into the engine a 
maximum increment of BMEP of 0.67 bar and a maximum reduction of 2.6 % of the BSFC are 
achieved at the engine speed of 1500 rpm.  
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Test on a heavily downsized engine fitted with the LPT was carried out at Ricardo UK ltd 
Shoreham Technical Centre. The engine testing was done at steady state part load and full load 
condition for the engine speed range of 1000 rpm to 4000 rpm. The commercial compressor 
from a Garret GT2860RS was used to load the LPT and the assembly was installed downstream 
of the catalyser. The use of the butterfly by-pass valve limited the LPT speed at 50,000 rpm. 
Consequently, the maximum turbine actual power was restricted at 1.3 kW. The maximum 
reduction of the BSFC and the maximum increment of BMEP are 2.6 % and 0.65 bar for the 
engine speed of 2500 rpm, respectively. A similar trend was observed when the engine 
modelling is compared against the engine testing at part load condition.  
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Chapter 7:  Conclusion and Future Work 
7.1 Achievements Synopsis 
The main objective of this thesis is to develop a validated methodology for the high 
performance LPT for an electric turbocompounding unit in a heavily downsized 1.0L gasoline 
engine. The approach fills existing gap that the conventional turbine cannot fill. This is due to 
the turbine capability to convert engine exhaust energy efficiently at low pressure. A validation 
of the computational results against experimental results showed that the LPT total-to-static 
efficiency, t-s of 0.757 at the pressure ratio, PR of 1.103. The engine testing showed a maximum 
BSFC reduction of 2.6% can be achieved by installing the LPT at the exhaust post catalyst 
location. The engine testing also showed a maximum exhaust energy of 1.3 kW can be 
recovered.  
7.2 Thesis Summary 
This thesis presents a methodology to design a novel concept of a high performance low 
pressure turbine to recover exhaust waste energy from a heavily downsized 1.0L gasoline 
engine. The outcomes of the LPT performance at steady state condition are supported by the 
CFD flow field analysis so that the understanding of the turbine loss generation could be 
presented in this thesis. By comparing the unsteadiness characteristics calculated using the 
Strouhal number, St.* and Lambda criterion in the pulsating flow analysis gives an 
understanding of the pressure pulse influence on the turbine performance. As a result, the 
thesis can be used as a reference for future turbine design project.  
The steady state computational LPT performance was evaluated using a mean-line 
modelling as well as a 3-D CFD. The methods were validated against the measured steady state 
experimental result. The core of the thesis has three main sections: develop a method to design 
the LPT, evaluate turbine performance and engine performance analysis.  
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The development of the LPT design methodology involved a preliminary LPT design and 
3-D CFD investigation using ANSYS CFX 12.1. The mean-line modelling was used to generate the 
preliminary LPT. A single passage CFD analysis was used to optimize the preliminary turbine 
performance. LPT nozzleless volute was designed based from the optimized inlet flow angle. 
The computational off-design turbine performance was then conducted utilizing the mean-line 
modelling, single passage CFD and full turbine CFD model. In order to understand fluid 
dynamics interactions in the LPT, the full turbine CFD model and a refined single passage CFD 
were used.   
The second part of this thesis evaluates the LPT performance under steady state and 
pulsating flow condition. The steady state test results were used to validate the computed LPT 
performance from the mean-line modelling, single passage CFD and full turbine CFD model. The 
investigation of the LPT under pulsating flow was accomplished for chopper plates pulse 
frequencies range from 20 Hz to 80 Hz.  
In the final part of the thesis, the impact of the LPT on the engine performance was 
investigated. In the first section, a validated steady state full load engine model using Ricardo 
Wave was used to study the best location to install the LPT. A steady state part load engine 
modelling was then conducted. In the last section, LPT impact on engine testing performance at 
steady state full load and part load condition was studied. The test results were used to validate 
the 1-D engine modelling.    
7.2.1 Development of the LPT design methodology 
The preliminary LPT design was generated based from the electric generator and the 
exhaust engine condition requirements. The first determined the LPT rotational speed (50,000 
rpm) and power output (1.0 kW); and the later defined the LPT operating pressure and 
temperature. The mean-line model was used to establish LPT geometry and to estimate turbine 
performance at the preliminary design point using the entropy generation loss model. A 3-D 
LPT blade was created from a back swept mixed-flow turbine concept with a naturally radial 
fibre element. The incidence angle at the leading edge radius root means square, βbl,3rms was set 
at -20˚.  
The optimization of the preliminary LPT design was carried by investigating the inlet 
absolute angle, a3 sing the single passage CFD analysis. The investigation found the preliminary 
LPT design total-to-static efficiency, ht-s was increased from 0.645 to 0.695 changing the inlet 
absolute angle, a3 from 71˚ to 77˚. Using the optimized inlet absolute angle, a3, the volute area 
ratio, A/r was calculated so that it can be applied to design the nozzleless volute. Later, the 3-D 
full turbine was modelled in the CFD analysis. The accomplishment of the LPT computational 
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off-design performance using the mean-line modelling, single passage CFD and full turbine CFD 
model for 3 speed parameters, 1206 rpm/K0.5, 1507 rpm/K0.5 and 1809 rpm/K0.5 shows a similar 
Mass Flow Parameter, MFP trend with a conventional turbine. The swallowing capacity is less 
than 2.0 kg/s.K0.5/bar.  The peak efficiency of approximately 0.752 at  R ≈ 1.09 and speed 
parameter of 1507 rpm/K0.5 was computed from the mean-line modelling, the single passage 
CFD estimated peak efficiency of 0.744 was located at lower  R ≈ 1.06. The highest computed 
peak efficiency was 0.768 obtained by the full turbine CFD model at  R ≈ 1.08. 
The volute internal flow field analysis showed a uniform flow acceleration from the 
volute inlet to the under tongue area. It was observed that the flow re-entrance has generated a 
lager entropy generation due to the mixture of the low volute inlet velocity and a high velocity 
flow coming from narrow area under the volute tongue. Full turbine flow field analysis also 
showed a large entropy generated surround the turbine leading edge as result of the flow 
disturbance in that area. The refined meshing single passage CFD was used to analyze the flow 
field in a turbine passage. The entropy generation analysis was found the largest value between 
the turbine blade tip and volute wall due to the large vortex structure is developed.              
7.2.2 Turbine Performance Evaluation 
The LPT experiments were accomplished in Imperial College turbocharger testing 
facility for steady state and pulsating flow condition. The LPT was tested for five speed 
parameters range from 1206 rpm/K0.5 to 1809 rpm/K0.5 under the steady-state condition. At 
1507 rpm/K0.5 a measured maximum efficiency of 0.758 was found at the pressure ratio, PR ≈ 
1.103. The test results showed the peak efficiencies for each speed parameters were within 0.02 
points from the maximum efficiency. The measured turbine efficiencies dropped significantly at 
the higher pressure region (PR>1.2). The LPT flow capacity was limited at the choking pressure 
of approximately  R ≈ 1.3.         
 The computational off-design turbine characteristics were validated against the 
experimental results. The calculated total-to-static efficiency, t-s standard deviation gave a 
maximum tolerance of ±0.053 from the mean-line modelling at 1809 rpm/K0.5. A maximum 
tolerance of ±0.174 was estimated from the single Passage CFD at speed parameter of 1507 
rpm/K0.5 for the Mass Flow Parameter, MFP.  
The LPT performance evaluation under pulsating flow condition was carried out for four 
chopper pulse frequencies range from 20 Hz to 80 Hz and 5 speed parameters range of 1206 
rpm/K0.5 to 1809 rpm/K0.5. The pulsating flow testing found a larger overall capacity than the 
equivalent quasi-steady assumption. The opening and closing of the chopper plates gave the 
filling and emptying effect at low pressure amplitude on the LPT. This lead the flow capacity 
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encapsulated the quasi-steady curve. A comparison of the flow unsteadiness level using the St.* 
and  criterion that taken account the pressure weighing factor,  showed the estimated 
unsteadiness level at the measurement plane for chopper plate frequency of 80 Hz was 
significantly reduced from 0.993 to only 0.153. Therefore, the  criterion can provide better 
indication to demonstrate the unsteadiness level so that the application of the quasi-steady 
assumption can be justified. The comparison of the quasi-steady assumption and turbine testing 
cycle average 
          
              
  at the speed parameter of 1507 /K0.5 indicates that the 
ratio is approximately 0.88 at 20 Hz, it decreases as the copper plate frequency increases, 
reaches a minimum of 0.83 at 60 Hz and, and then increases to 0.97 at pulse frequency of 80 Hz.   
7.2.3 The Impact of the LPT of Engine Performance 
The establishment of the steady state validated 1-D gas dynamic engine modelling is to 
analyze the impact of installing the LPT into the engine for the speed range of 1000 rpm to 6000 
rpm at three locations on the exhaust system: waste-gated position of the main turbine, pre-
catalyst position and post catalyst position. The optimum location for the turbocompounding 
unit was found at the post catalyst position where a maximum BSFC reduction of 2.6% can be 
expected. Later, the 1-D gas dynamic engine modelling simulated the steady state part load 
engine operation. The 1-D model shows the installation of the LPT increases the pumping work. 
As soon as the recovered energy was reused into the engine, a clear benefit was shown where a 
maximum BMEP of 0.61 bar and a maximum BSFC reduction of 2.6 % were achieved at the 
engine speed of 1500 rpm.  
The impact of installing the LPT on the engine was done in the Ricardo UK ltd Shoreham 
Technical Centre engine testing facility. The steady state part load and full load engine testing 
was carried out for the engine speeds range from 1000 rpm to 4000 rpm. The LPT was loaded 
with a commercial compressor that was taken out from the Garret GT2860RS and the assembly 
was installed downstream of the catalyser. The opening of the butterfly by-pass valve limited 
the LPT speed at 50,000 rpm. Therefore, the maximum turbine actual power was restricted at 
1.3 kW. A maximum BSFC reduction of 2.6% and a maximum BMEP increment of 0.65 bar were 
found at the engine speed of 2500 rpm at the part load ratio LR ≈ 0.81. A validation of 1-D 
engine simulation installing the LPT gave BSFC standard deviation a minimum value of 0.023 at 
3000 rpm engine speed and a maximum value of 0.05 at 2000 rpm engine speed.      
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7.3 Recommendations for Future work 
A patent application (PCT/GB2012/000110) of the LPT design was submitted on 24 of 
February 2011. The patent is claimed for the innovative solution to recover exhaust energy at 
lower pressure ratios within the range of 1.02 to 1.2.  
The initial design requirements of the high performance LPT was obtained from the 
TIGERS turbocompounding unit. The waste exhaust energy recovery from the LPT was limited 
at 1.0 kW and 50,000 rpm. In this section, future recommendations for improving the LPT 
performance and exploiting the LPT applications will be discussed. 
7.3.1 Mean-line Turbine Design 
The bespoke mean-line turbine model was used to generate the preliminary design of the 
LPT. The model is a generalized method to design a turbine with a minimum requirement and is 
capable to generate the 3-D Cartesian coordinate points for the radial-fibre turbine blade and 
volute geometry. However, the iteration process was done manually. In order to avoid a manual 
iteration process, it is recommended that a double loop iterative method be integrated into the 
nondimensional turbine modelling.  
7.3.2 Optimising the LPT off-design operation 
The maximum turbine total-to-static efficiency, t-s of 0.757 was measured at the pressure 
ratio, PR of 1.103. From the steady state turbine performance, it can be seen that the turbine 
pressure ratios operating region is limited. The total-to-static efficiency, t-s decreases rapidly as 
the pressure ratio, PR increases. The rapid total-to-static efficiency, t-s drop is the result of the 
smaller ratio of the turbine exit area to the turbine inlet area, v which is less than 0.4. Therefore, 
the turbine chokes at the lower Mass Flow Parameter, MFP than a conventional turbine. The 
investigation of the v values will ensure the turbine operating region could be optimised. 
The turbine blade is naturally a radial fibre which was obtained by projecting the 
camberline curvature onto the meridional curvatures. As a result, a constant camberline 
curvature is found at each turbine radii that increases the turbine centrifugal strength. On the 
other hand, the single passage flow field CFD analysis shows a large blade loading at the turbine 
tip and a small blade loading at the turbine hub and the turbine blade is operating at lower 
centrifugal force. Therefore, the turbine blade is permitted to deviate from the radial direction 
so that the aerodynamic advantages of back-swept blade can be optimised at each turbine radii. 
The non-radial turbine blade is constructed with additional information that contains a lean 
angle, υ of the blade to the radial direction. 
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The flat plate surface profile was used to establish the LPT thickness. The turbine stream 
velocity accelerates from the turbine rotor inlet to the discharge area. As a result, the pressure 
difference between the pressure surface and the suction surface is not optimised along the 
chord line. It is believed that, the turbine profile loss from the flat plat surface had attributed the 
large pressure difference near to the trailing edge section. As a result, a negative turbine loading 
was observed at that section. An aerofoil profile for the LPT surface design could possibly 
optimise the boundary thickness at the trailing edge region so that it minimises the profile loss. 
7.3.3 The Impact of Installing LPT on the Engine Performance 
The 1-D gas dynamic engine modelling and the engine testing measure the impact of 
installing the LPT into the heavily downsized engine. In the engine modelling, the recovered 
exhaust energy was reused into the crankshaft of the engine with the assumption of mechanical 
efficiency of 100%. The replication of the electric generator could not be established in the 
study. It is recommended that a mathematical model of charging and discharging of an electric 
generator can be integrated into the 1-D gas dynamic engine modelling. 
7.3.4 Pulsating Flow Performance 
The LPT was tested for its ability to operate under the pulsating flow for the speed 
parameter range of 1206 rpm/K0.5 to 1809 rpm/K0.5. During the testing, the mean turbine power 
was set at 1.0 kW of turbine power. As a result, the mean operating point deviated from the 
from the steady-state maximum efficiency point. It is suggested that, several mean operating 
points that base from the location of the ht-s on the steady-state performance map could be used 
in the future, so that the fundamental understanding of the pulsating flow performance could be 
improved. 
The pulsating flow turbine performance analysis can be improved by validating against a 
high meshing density of a CFD pulsating flow analysis that can be operated on the High 
Performance Computing (HPC). The boundary inlet input can be generated from the result 
testing results which were measured at the measurement plane. Alike the steady flow 
performance, the CFD flow field analysis could also be done on the pulsating flow performance. 
As a result, the optimisation of the LPT design could be established.  
7.3.5 Exploiting the Application of the LPT 
The thesis has presented the LPT for the turbocompounding unit where the turbine 
operating conditions were established to fill up the requirements from the TIGERS turbo-
generator and the exhaust conditions of the engine. As a matter of fact, an exploitation of the 
LPT can be diverged if the requirements are not limited. From the 1-D engine modelling, it is 
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shown that the maximum actual turbine power of approximately 4.0 kW could be attained at the 
engine speed of 6000 rpm if the turbine power was not limited. However, the acquired 
maximum turbine power penalised the engine pumping work. By extending the LPT operating 
range, the pumping work and the turbine power could be optimised.  
Despite the bolt-on concept that allows the turbocompounding unit with the LPT to be 
easily installed to any gasoline engine, the lower exhaust gas temperature in the diesel engine 
limits the LPT operation. It is likely that a new LPT of a lower exhaust temperature requirement 
to be designed and installed into the turbocompounding unit. Consequently, the exhaust energy 
recovery of the diesel engine could be optimised. Alike the newly design LPT, an application of a 
turbine scaling method for the designed LPT could be applied for a larger diesel engine 
application that has a bigger exhaust mass flow rate but at the lower exhaust temperatures. 
Prior to the physical turbine scaling, a sensitivity analysis of the scaling factor for the LPT maps 
will optimize the impact of the turbocompounding unit into the engine. 
The LPT can be installed with another exhaust waste energy recovery system such as the 
Organic Rankine Cycle (ORC) and the thermoelectric device in several options. Firstly, the LPT 
generates the ORC pump that links by a shaft. The mechanical recovered exhaust energy will be 
used to drive a pump that compresses the ORC working fluid to the super-compressed liquid 
region. The installation will increase the overall thermal efficiency of the combined cycle. 
Secondly, the LPT can be coupled with the ORC turbine. As a result, the generated power output 
is increased. Thirdly, the thermoelectric device can be attached on the LPT volute so that it can 
absorbs the thermal energy and protects the heat transfer moving into the electric generator.  
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Appendix 
Appendix A1: Cylindrical and Cartesian Coordinates 
 
θ 
r 
Z 
x 
y 
Cartesan Coordinate to Polar Coordinate 
r2 = x2 +y2 
θ = Cos-1(x/r) or Sin-1(x/r) 
z = z 
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Appendix A2: Leading Edge and Trailing Edge Thickness Curvature 
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Appendix A3: Blade Thickness Curvatures 
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Mean Camber Profile 
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Shroud Camber Profile 
 
Camber Profiles in the Cylindrical Coordinate 
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Appendix A4: Turbine Wheel Drawing 
 
Turbine Wheel For 3-D Metal Laser Sintering 
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Turbine Wheel For Machining 
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Appendix A5: Inconel Material Specification 
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Appendix A6: Shaft Technical Drawing 
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Appendix B1: Flow Angle Optimisation 
 
Absolute Angle at 71˚ 
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Absolute Angle at 73˚ 
 
Absolute Angle at 74˚ 
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Absolute Angle at 75˚ 
 
Absolute Angle at 76˚ 
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Absolute Angle at 77˚ 
 
Absolute Angle at 78˚ 
230 
 
 
Absolute Angle at 79˚ 
 
Absolute Angle at 80˚ 
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Absolute Angle at 81˚ 
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Appendix B2: Volute Geometrical Configuration 
 
Absolute Angle At the Centroid of the Volute 
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Appendix B3: Volute Technical Drawing 
 
Volute Drawing for Rapid Prototyping 
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Volute Drawing For Casting 
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Engine Testing Volute Drawing For Machining 
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Pulsating Flow Test Volute Drawing for Machining Process
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Appendix B4: Contour and Vector Plot for the Full Turbine Model CFD 
 
Contour and Vector Plot of the Relative Velocity and Relative Angle at Inlet of the Rotor Passage 
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Appendix C1: CAD Assembly Drawing 
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Appendix C2: Connecting Duct 
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Appendix D1: Instantaneous Static Pressure 
 
(a)       (b) 
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Appendix D2: Instantaneous Static Temperature 
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Appendix D3: Instantaneous Mass Flow Rate 
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Appendix D4: Instantaneous Turbine Speed  
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Appendix D5: Instantaneous Actual and Isentropic Power 
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Appendix D6: Pulsating Flow Swallowing Capacity 
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Appendix D7: Total-to-static Efficiency 
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Appendix E1: Garret GT2860RS Specifications 
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Appendix E2: Shaft Drawing 
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Appendix E3: Turbine Heat Shield 
 
